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27.1 Introduction

In rolling contact bearings, the contact between the
bearing surfaces is rolling instead of dliding asin sliding
contact bearings. We have already discussed that the
ordinary sliding bearing starts from rest with practically
metal-to-metal contact and hasahigh coefficient of friction.
It is an outstanding advantage of arolling contact bearing
over a sliding bearing that it has a low starting friction.
Duetothislow friction offered by rolling contact bearings,
these are called antifriction bearings.

27.2 Advantages and Disadvantages of
Rolling Contact Bearings Over Sliding
Contact Bearings

Thefollowing are some advantages and disadvantages
of rolling contact bearings over dliding contact bearings.
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Advantages
1. Low starting and running friction except at very high speeds.
Ability to withstand momentary shock loads.
Accuracy of shaft alignment.
Low cost of maintenance, as no lubrication is required while in service.
Small overall dimensions.
Reliability of service.
Easy to mount and erect.
8. Cleanliness.
Disadvantages
1. Morenoisy at very high speeds.
2. Low resistanceto shock loading.
3. Moreinitia cost.
4. Design of bearing housing complicated.

NOo o wWwN

27.3 Types of Rolling Contact Bearings
Following are the two types of rolling contact bearings.
1. Ball bearings; and 2. Roller bearings.

Ball Wr
Outer race
_— Retainer W Wa
(4 )= ] (1)
I—WA
N Inner race—/ |
Wr |
(@) Ball bearing. (b) Roller bearing.  (a) Radial ball bearing. (b) Thrust ball bearing.
Fig. 27.1. Bdll and roller bearings. Fig. 27.2. Radial and thrust ball bearings.

Theball and roller bearings consist of an inner race which is mounted on the shaft or journal
and an outer racewhichiscarried by the housing or casing. In between theinner and outer race, there
are balls or rollers as shown in Fig. 27.1. A number of balls or rollers are used and these are held at
proper distances by retainers so that they do not touch each other. The retainers are thin stripsand is
usually intwo parts which are assembl ed after the balls have been properly spaced. The ball bearings
are used for light loads and the roller bearings are used for heavier loads.

Therolling contact bearings, depending upon the load to be carried, are classified as:

(a) Radial bearings, and (b) Thrust bearings.

Theradial and thrust ball bearings are shown in Fig. 27.2 (a) and (b) respectively. When a ball
bearing supports only aradial load (W), the plane of rotation of the ball is normal to the centreline
of the bearing, asshowninFig. 27.2 (a). Theaction of thrust load (W, ) isto shift the plane of rotation
of theballs, asshownin Fig. 27.2 (b). Theradia and thrust |oads both may be carried simultaneously.

27.4 Types of Radial Ball Bearings
Following are the various types of radial ball bearings:
1. Singlerow deep groove bearing. A single row deep groove bearing isshownin Fig. 27.3 (a).
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(a) Single row deep (b) Filling notch.  (c) Angular contact.  (d) Double row. (e) Self-aligning.
groove.

Fig. 27.3. Types of radial ball bearings.

During assembly of this bearing, the races are offset and the maximum number of balls are placed
between the races. The races are then centred and the balls are symmetrically located by the use of a
retainer or cage. The deep groove ball bearings are used due to their high load carrying capacity and
suitability for high running speeds.
The load carrying capacity of a ball
bearing is related to the size and
number of the balls.

2. Filling notch bearing. A
filling notch bearing is shown in Fig.
27.3 (b). These bearings have notches
in the inner and outer races which
permit more balls to be inserted than
in a deep groove ball bearings. The
notches do not extend to the bottom
of theraceway and thereforethe balls
inserted through the notches must be
forced in position. Since this type of
bearing containslarger number of balls
than a corresponding unnotched one,
therefore it has a larger bearing load
capacity.

3. Angular contact bearing. An angular contact bearing isshownin Fig. 27.3 (¢). Thesebearings
have one side of the outer race cut away to permit the insertion of more balls than in a deep groove
bearing but without having anotch cut into both races. This permits the bearing to carry arelatively
large axial load in onedirection while also carrying arelatively largeradial 1oad. The angular contact
bearings are usually used in pairs so that thrust loads may be carried in either direction.

4. Doublerow bearing. A doublerow bearing isshownin Fig. 27.3 (d). These bearings may be
madewith radial or angular contact between the ballsand races. The doublerow bearingisappreciably
narrower than two single row bearings. The load capacity of such bearingsisslightly lessthan twice
that of asingle row bearing.

5. Self-aligning bearing. A self-aligning bearing is shown in Fig. 27.3 (€). These bearings
permit shaft deflectionswithin 2-3 degrees. It may be noted that normal clearancein aball bearing are
too small to accommodate any appreciable misalignment of the shaft relative to the housing. If the
unit is assembled with shaft misalignment present, then the bearing will be subjected to aload that
may bein excess of the design value and premature failure may occur. Following are the two types of
self-aligning bearings:

(a) Externally self-aligning bearing, and (b) Internally self-aligning bearing.

In an externally self-aligning bearing, the outside diameter of the outer race is ground to a
spherical surface which fitsin amating spherical surface in ahousing, as shownin Fig. 27.3 (€). In
case of internally self-aligning bearing, the inner surface of the outer race is ground to a spherical

Radial ball bearing
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surface. Consequently, the outer race may be displaced through asmall anglewithout interfering with
the normal operation of the bearing. Theinternally self-aligning ball bearing isinterchangeable with

other ball bearings.

27.5 Standard Dimensions and Designations of Ball Bearings

The dimensions that have been standardised on an international basis are shown in Fig. 27.4.
These dimensionsare afunction of the bearing bore and the series of bearing. The standard dimensions

are given in millimetres. There is no standard for the size and
number of steel balls.

The bearings are designated by a number. In general, the
number consists of atleast three digits. Additional digitsor letters
areused to indicate special featurese.g. deep groove, filling notch
etc. Thelast threedigitsgivethe seriesand the bore of the bearing.
Thelast two digits from 04 onwards, when multiplied by 5, give
the bore diameter in millimetres. The third from the last digit
designates the series of the bearing. The most common ball
bearings are available in four series asfollows::

1. Extralight (100), 2. Light (200),
3. Medium (300), 4. Heavy (400)

Notes: 1. If abearing isdesignated by the number 305, it meansthat the
bearing is of medium series whose boreis05 x 5, i.e., 25 mm.

2. The extra light and light series are used where the loads are
moderate and shaft sSizesare comparatively large and also whereavailable
spaceislimited.

.
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Fig. 27.4. Standard designations
of ball bearings.
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3. The medium series has a capacity 30 to 40 per cent over the light series.

4. The heavy series has 20 to 30 per cent capacity over the medium series. This series is not used

extensively inindustrial applications.

Oilless bearings made using powder metallergy.
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The following table shows the principal dimensionsfor radial ball bearings.

Table 27.1. Principal dimensions for radial ball bearings.

Bearing No. Bore (mm) Outside diameter Width (mm)
200 10 30 9
300 35 11
201 12 32 10
301 37 12
202 15 35 11
302 42 13
203 17 40 12
303 47 14
403 62 17
204 20 47 14
304 52 14
404 72 19
205 25 52 15
305 62 17
405 80 21
206 30 62 16
306 72 19
406 90 23
207 35 72 17
307 80 21
407 100 25
208 40 80 18
308 90 23
408 110 27
209 45 85 19
309 100 25
409 120 29
210 50 90 20
310 110 27
410 130 31
211 55 100 21
311 120 29
411 140 33
212 60 110 22
312 130 31
412 150 35
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Bearing No. Bore (mm) Outside diameter Width (mm)
213 65 120 23
313 140 33
413 160 37
214 70 125 24
314 150 35
414 180 42
215 IS 130 25
315 160 37
415 190 45
216 80 140 26
316 170 39
416 200 48
217 85 150 28
317 180 41
417 210 52
218 90 160 30
318 190 43
418 225 54

27.6 Thrust Ball Bearings

Thethrust ball bearingsare used for carrying thrust loads exclusively and at speeds bel ow 2000
r.p.m. At high speeds, centrifugal force causes the balls to be forced out of the races. Therefore at
high speeds, it is recommended that angular contact ball bearings should be used in place of thrust

ball bearings.
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(a) Single direction thrust ball bearing.

A thrust ball bearing may be a single direction, flat face as shown in Fig. 27.5 (a) or adouble
direction with flat face as shown in Fig. 27.5 (b).

Wk

(b) Double direction thrust ball bearing.

Fig. 27.5. Thrust ball bearing.

27.7 Types of Roller Bearings
Following are the principal types of roller bearings :

1. Cylindrical roller bearings. A cylindrical roller bearing is shown in Fig. 27.6 (a). These
bearings have short rollers guided in acage. These bearings arerelatively rigid against radial motion

S
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and have the lowest coefficient of friction of any form of heavy duty rolling-contact bearings. Such
type of bearings are used in high speed service.

Radial ball bearing
2. Spherical roller bearings. A spherical roller bearingisshownin Fig. 27.6 (b). These bearings
are self-aligning bearings. The self-aligning feature is achieved by grinding one of the races ion the

form of sphere. These bearings can normally tolerate angular misalignment in the order of + 1% and
when used with adouble row of rollers, these can carry thrust loads in either direction.

///////A 072222

(a) Cylindrical roller. (b) Spherical roller. (c) Needle roller. (d) Tapered roller.
Fig. 27.6. Types of roller bearings.

3. Needleroller bearings. A needleroller bearing is shown in
Fig. 27.6 (c). These bearings are relatively slender and completely
fill the space so that neither a cage nor a retainer is needed. These
bearingsare used when heavy loadsareto be carried with an oscillatory
motion, e.g. piston pin bearingsin heavy duty diesel engines, where
thereversal of motion tends to keep the rollersin correct alignment.

4. Tapered roller bearings. A tapered roller bearing is shown
in Fig. 27.6 (d). The rollers and race ways of these bearings are
truncated cones whose elements intersect at a common point. Such
type of bearings can carry both radial and thrust |0ads. These bearings
are available in various combinations as double row bearings and
with different cone angles for use with different relative magnitudes
of radial and thrust loads.

Cylindrical roller bearings
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Spherical roller Needle roller bearings Tapered roller bearings
bearings

27.8 Basic Static Load Rating of Rolling Contact Bearings

Theload carried by anon-rotating bearing is called astatic load. Thebasic static load rating is
defined asthe static radial load (in case of radial ball or roller bearings) or axial load (in case of thrust
ball or roller bearings) which correspondsto atotal permanent deformation of the ball (or roller) and
race, at the most heavily stressed contact, equal to 0.0001 timesthe ball (or roller) diameter.

In singlerow angular contact ball bearings, the basic static |oad relatesto the radial component
of theload, which causes a purely radial displacement of the bearing ringsin relation to each other.
Note: The permanent deformation which appear in balls (or rollers) and race waysunder static loads of moderate
magnitude, increase gradually with increasing load. The permissible static load is, therefore, dependent upon
the permissible magnitude of permanent deformation. Experience shows that atotal permanent deformation of
0.0001 times the ball (or roller) diameter, occurring at the most heavily loaded ball (or roller) and race contact
can be tolerated in most bearing applications without impairment of bearing operation.

In certain applications where subsequent rotation of the bearing is slow and where smoothness and friction
reguirements are not too exacting, a much greater total permanent deformation can be permitted. On the other
hand, where extreme smoothnessisrequired or friction requirementsare critical, lesstotal permanent deformation
may be permitted.

According to IS : 3823-1984, the basic static load rating (C,) in newtons for ball and roller
bearings may be obtained as discussed below :

1. For radial ball bearings, the basic static radial load rating (C,) is given by

C, = fyi.ZD?cosa
where i = Number of rows of ballsin any one bearing,

Z = Number of ball per row,

D = Diameter of balls, in mm,

o = Nominal angle of contact i.e. the nominal angle between the line of
action of theball load and a plane perpendicular to the axis of bearing,
and

f, = A factor depending upon the type of bearing.

The value of factor ( f;,) for bearings made of hardened steel are taken as follows :

f, = 3.33, for self-aligning ball bearings

= 12.3, for radial contact and angular contact groove ball bearings.
2. For radial roller bearings, the basic static radial load rating is given by
C, = fyi.Zl.Dcosa
where i = Number of rows of rollersin the bearing,
Z = Number of rollers per row,

|, = Effectivelength of contact between oneroller and that ring (or washer)

wherethe contact isthe shortest (inmm). Itisequal to the overall length

of roller minusroller chamfers or grinding undercuts,
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D = Diameter of roller in mm. It is the mean diameter in case of tapered
rollers,

o = Nominal angle of contact. It isthe angle between the line of action of
the roller resultant load and a plane perpendicular to the axis of the
bearing, and

f, = 21.6, for bearings made of hardened stee!.

3. For thrust ball bearings, the basic static axial load rating is given by
C, = fyZD?sina
where Z = Number of balls carrying thrust in one direction, and
fy = 49, for bearings made of hardened steel.
4. For thrust roller bearings, the basic static axial load rating is given by
C, =f,Zl.D.sna
where Z = Number of rollers carrying thrust in one direction, and
f, = 98.1, for bearings made of hardened stee!.

27.9 Static Equivalent Load for Rolling Contact Bearings

The static equivalent load may be defined asthe static radial load (in case of radial ball or roller
bearings) or axia load (in case of thrust ball or roller bearings) which, if applied, would cause the
sametotal permanent deformation at the most heavily stressed ball (or roller) and race contact asthat
which occurs under the actual conditions of loading.

More cylindrical roller bearings

The static equivalent radial load (W) for radial or roller bearings under combined radial and
axial or thrust loads is given by the greater magnitude of those obtained by the following two
equations, i.e.

1 Wor = XpWg + YW, sand 2. W =Wy
where W, = Radia load,

W, = Axial or thrust load,
X, = Radial load factor, and
Y, = Axia or thrust load factor.

According to IS 3824 — 1984, the values of X, and Y, for different bearings are given in the

following table:
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Table 27.2. Values of X, and Y, for radial bearings.

SNo. Type of bearing Single row bearing Double row bearing
%o Yo %o Yo
Radial contact groove ball bearings 0.60 0.50 0.60 0.50
2. | Self aigning ball or roller bearings 0.50 0.22 cot 6 1 0.44 cot 6

and tapered roller bearing
3. | Angular contact groove bearings :

o =15° 0.50 0.46 1 0.92
o =20° 0.50 0.42 1 0.84
o =25° 0.50 0.38 1 0.76
o =30° 0.50 0.33 1 0.66
o =35° 0.50 0.29 1 0.58
o =40° 0.50 0.26 1 0.52
o = 45° 0.50 0.22 1 0.44

Notes: 1. The static equivalent radial load (W) is always greater than or equal to the radial load (W).

2. For two similar single row angular contact ball bearings, mounted ‘ face-to-face’ or ‘ back-to-back’, use
thevaluesof X;and Y, which apply to adouble row angular contact ball bearings. For two or moresimilar single
row angular contact ball bearings mounted ‘in tandem’, use the values of X, and Y, which apply to asingle row
angular contact ball bearings.

3. The static equivalent radial load (W) for all cylindrical roller bearingsis equal to theradial load (Wy).

4. The static equivalent axial or thrust load (W, ) for thrust ball or roller bearings with angle of contact
o # 90°, under combined radial and axial loadsis given by

W, = 2.3 W tan o+ W,

This formula is valid for all ratios of radial to axia load in the case of direction bearings. For single
direction bearings, it is vaid where W, / W, < 0.44 cot a..

5. Thethrust ball or roller bearings with o. = 90° can support axial loads only. The static equivalent axial
load for this type of bearing is given by

Woa = Wy

27.10 life of a Bearing

Thelifeof anindividual ball (or roller) bearing may be defined asthe number of revolutions (or
hours at some given constant speed) which the bearing runs before the first evidence of fatigue
developsin the material of one of the rings or any of the rolling elements.

Therating life of agroup of apparently identical ball or roller bearingsis defined asthe number
of revolutions (or hours at some given constant speed) that 90 per cent of a group of bearings will
complete or exceed before the first evidence of fatigue develops (i.e. only 10 per cent of a group of
bearingsfail dueto fatigue).

The term minimum life is also used to denote the rating life. It has been found that the life
which 50 per cent of a group of bearings will complete or exceed is approximately 5 times the life
which 90 per cent of the bearings will complete or exceed. In other words, we may say that the
average life of abearing is 5 timesthe rating life (or minimum life). It may be noted that the longest
life of asingle bearing is seldom longer than the 4 times the average life and the maximum life of a
single bearing is about 30 to 50 times the minimum life.
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Thelife of bearings for various types of machinesis given in the following table.

Table 27.3. Life of bearings for various types of machines.

S No.

Application of bearing

Life of bearing, in hours

Instruments and apparatus that are rarely used
(a) Demonstration apparatus, mechanism for operating

dliding doors
(b) Aircraft engines
Machines used for short periods or intermittently and whose
breakdown would not have serious consequences e.g. hand
tools, lifting tackle in workshops, and operated machines,
agricultural machines, cranes in erecting shops, domestic
machines.
M achines working intermittently whose breakdown would have
serious consegquences e.g. auxillary machinery in power
stations, conveyor plant for flow production, lifts, cranes for
piece goods, machine tools used frequently.
Machines working 8 hours per day and not always fully utilised
e.g. stationary electric motors, general purpose gear units.
Machines working 8 hours per day and fully utilised e.g.
machines for the engineering industry, cranes for bulk goods,
ventilating fans, counter shafts.
Machines working 24 hours per day e.g. separators, cCompressors,
pumps, mine hoists, naval vessels.
Machines required to work with high degree of reliability
24 hours per day e.g. pulp and paper making machinery, public
power plants, mine-pumps, water works.

500

1000 — 2000
4000 — 8000

8000 — 12 000

12 000 — 20 000

20 000 — 30 000

40 000 — 60 000

100 000 — 200 000

27.11

The basic dynamic load rating is defined as the constant stationary radial 1oad (in case of radial
ball or roller bearings) or constant axial load (in case of thrust ball or roller bearings) which agroup
of apparently identical bearings with stationary outer ring can endure for arating life of one million
revolutions (which is equivalent to 500 hours of operation at 33.3 r.p.m.) with only 10 per cent

failure.

The basic dynamic load rating (C) in newtons for ball and roller bearings may be obtained as

Basic Dynamic Load Rating of Rolling Contact Bearings

discussed below :

1. According to IS: 3824 (Part 1)— 1983, the basic dynamic radial load rating for radial and
angular contact ball bearings, except thefilling ot type, with ballsnot larger than 25.4 mmin diameter,

isgiven by

C =f_ (i cosa)®7 723 . D18

and for ballslarger than 25.4 mm in diameter,

C =3647f (i cosa)®’ 223 . D14
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where f. =Afactor, depending upon the geometry of the bearing components, the
accuracy of manufacture and the material used.
and i, Z, D and o have usual meanings as discussed in Art. 27.8.

Ball bearings

2. According to |S; 3824 (Part 2)—1983, the basic dynamic radial load rating for radial roller
bearingsis given by
C =f_(i.l,cosa)™ Z34 D227
3. According to IS: 3824 (Part 3)-1983, the basic dynamic axial load rating for single row,
single or double direction thrust ball bearingsis given asfollows :
(a) For balls not larger than 25.4 mm in diameter and o. = 90°,
C =f .z?3.D'®
(b) For balls not larger than 25.4 mm in diameter and o # 90°,
C=f_(cosa)®” tan 0. %3 . D18
(c) For ballslarger than 25.4 mm in diameter and o, = 90°
C=3647f,.z%% D
(d) For ballslarger than 25.4 mm in diameter and o = 90°,
C =3647f_ (cosa)®’tan 0. 723 . D4

4. According to |IS: 3824 (Part 4)-1983, the basic dynamic axial load rating for single row,
single or double direction thrust roller bearingsis given by

C =f .1/°. z% p¥2 ... (When o, = 90°)
=f_ (I, cos0))"® tan .24, D227 .. (when o # 90°)

27.12 Dynamic Equivalent Load for Rolling Contact Bearings
The dynamic equivalent load may be defined as the constant stationary radial load (in case of
radial ball or roller bearings) or axial load (in case of thrust ball or roller bearings) which, if applied

to abearing with rotating inner ring and stationary outer ring, would give the samelife asthat which
the bearing will attain under the actual conditions of load and rotation.
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The dynamic equivalent radial load (W) for radial and angular contact bearings, except the
filling slot types, under combined constant radial load (W) and constant axial or thrust load (W, ) is
given by
W =X.V.W+Y. W,

V = Arotation factor,
=1, for all types of bearings when the inner race isrotating,
=1, for self-aligning bearings when inner race is stationary,
= 1.2, for all types of bearings except self-aligning, when inner raceis
stationary.

The values of radial load factor (X ) and axia or thrust load factor (Y ) for the dynamically

loaded bearings may be taken from the following table:

Table 27.4. Values of X and Y for dynamically loaded bearings.

where

T f b H f t' W_A <e W_A >e
ype of bearing Specifications We = W e
X Y X Y
Wa
Deep groove q =0.025 2.0 0.22
ball bearing =0.04 1.8 0.24
=0.07 16 0.27
=013 1 0 0.56 14 0.31
=0.25 12 0.37
=0.50 1.0 0.44
Angular contact Single row 0 0.35 057 | 114
ball bearings Two rows in tandem 0 0.35 057 | 114
Two rows back to back 1 0.55 0.57 093 | 114
Double row 0.73 0.62 1.17 | 0.86
Self-aligning Light series: for bores
bearings
10-20 mm 13 20 0.50
25-35 1 17 6.5 2.6 0.37
40-45 2.0 31 0.31
50 — 65 2.3 35 0.28
70— 100 24 3.8 0.26
105 -110 23 315! 0.28
Medium series : for bores
12 mm 1.0 0.65 1.6 0.63
15-20 12 1.9 0.52
25-50 15 2.3 0.43
55-90 1.6 25 0.39
Spherical roller For bores :
bearings 25-35mm 21 31 0.32
40-45 1 25 0.67 3.7 0.27
50 — 100 29 4.4 0.23
100 — 200 2.6 39 0.26
Taper roller For bores :
bearings 30-40mm 160 | 0.37
45-110 1 0 0.4 145 | 0.44
120 — 150 135 | 041
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27.13 Dynamic Load Rating for Rolling Contact Bearings under Variable

Loads
The approximate rating (or service) life of ball or roller bearings is based on the fundamental

equation,
AN
L= (Wj x 10 revolutions
L\
or C=W|—=%
10
where L = Ratinglife,

C = Basic dynamic load rating,
W = Equivalent dynamic load,
and
k = 3, for ball bearings,
= 10/3, for roller bearings.

Therelationship betweenthelifeinrevolutions(L) and
thelifein working hours (L,,) isgiven by Roller bearing
L =60N. L, revolutions
where N isthe speed inr.p.m.
Now consider arolling contact bearing subjected to variable loads. Let W;, W,, W, etc., be the
loads on the bearing for successive n,, n,, n, etc., number of revolutions respectively.
If the bearing is operated exclusively at the constant load W, then itslifeis given by

k
_ c 6 :
L, = (VTIJ % 10° revolutions
- Fraction of life consumed with load W, acting for n, number of revolutionsis
k

Mo W) 1

L ~™M(c 10°

Similarly, fraction of life consumed with load W, acting for n, number of revolutionsis

k
L& = n2 (%j X i
2 C 10°
and fraction of life consumed with load W, acting for n, number of revolutionsis
n_ (w1
L~ C 108
n.on _1

But fl+|_—2+|_—3+....—

w1 w1 W) 1
or W(Ej Xﬁ*‘”z(?j Xﬁ*‘”e[g] XE+ ...... =1
S (WK + n, (Wo)K+ ng (Wo)k+ ... =Ckx 106
If an equivalent constant load (W) is acting for n number of revolutions, then

(CY e
n—W x 10

(i)
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o n(W)k =Ckx 108 ..(ii)
where n =n+n,+n,+ ..
From equations (i) and (ii), we have
N, (W)X +n, (Wo)K+ ng (WK + ... = n (WK

- K K K 1k
W)y Wo)" + g (Ws)" + ...
W= n
Substitutingn=n, +n, +n, + ......., and k = 3 for ball bearings, we have
r 1/3
_ n (W)° + np (W5)° + g (Wg)° + ..
W= M+ Ny +Ng + ...

Note: The above expression may also be written as

| Ly ) Ly (e + ..T’s

L+L+L+...
See Example 27.6.

27.14 Reliability of a Bearing

We have already discussed in the previous articlethat therating lifeisthelife that 90 per cent of
agroup of identical bearings will complete or exceed before the first evidence of fatigue develops.
Thereliability (R) isdefined astheratio of the number of bearingswhich have successfully completed
L million revolutions to the total number of bearings under test. Sometimes, it becomes necessary to
select abearing having areliability of more than 90%. According to Wiebull, the rel ation between the
bearing life and the reliability isgiven as

1 LY’ L 1\
log, [ﬁj = (Ej or 3 [Ioge (ﬁﬂ ..()
where L isthelife of the bearing corresponding to the desired reliability R and a and b are constants
whosevaluesare

a =6.84, and b=117
If Ly, isthelife of abearing corresponding to areliability of 90% (i.e. Ry,), then

1 1/b
% _ [Ioge(@ﬂ (i)

Dividing equation (i) by equation (ii), we have

L _ |: loge (1/R) :|1/b =*6.85[lo (]_/R)]lll.ﬂ (- b=117)

Lo ~ [loge (Rg)| = 1% SRR
Thisexpression is used for selecting the bearing when the reliability is other than 90%.

Note: If there are n number of bearingsin the system each having the sasme reliability R, then the reliability of

the complete system will be

where Ry indicates the probability of one out of p number of bearings failing during its life time.

* [log, (1/Ry)]™ =[log, (1/0.90)]¥117 = (0.10536)°3" = 0.146

1/b
é _ [|09%(11/4F\‘;)] — 6.85[loge (1/ RV
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Example 27.1. A shaft rotating at constant speed is subjected to variable |oad. The bearings
supporting the shaft are subjected to stationary equivalent radial load of 3 kN for 10 per cent of time,
2 kN for 20 per cent of time, 1 kN for 30 per cent of time and no load for remaining time of cycle. If
the total life expected for the bearing is 20 x 10° revolutions at 95 per cent reliability, calculate
dynamic load rating of the ball bearing.

Solution. Given: W, =3 kN ;n, =01n;W,=2kN;n,=02n; W, =1kN;n;=03n;
W,=0;n,=(1-01-0.2-03)n=0.4n; Ly =20 x 10°rev

Let Ly, = Lifeof the bearing corresponding to reliability of 90 per cent,
Ly = Life of the bearing corresponding to reliability of 95 per cent
= 20 x 10° revolutions ... (Given)
We know that
Ls  [log (1/Rs) " _[log, (1/0.95) I e
Lo~ |T0g. (17 Rep) log, (1/0.90) - (e b=117)
(00513 o
=|(osa) T

- Loy = Lgg/ 0.54 =20 x 108/ 0.54 = 37 x 10° rev
We know that equivalent radial load,

WD)® + 1, (W) + g (W) + ny W) |
W:|:n1 b (VW5 3 (VW3 , (Wy }

m+n+n+n,

1/3
01nx3F +02nx2% +03nx22+04nx0°
0.1n+0.2n+ 0.3n + 0.4n

=(27+1.6+0.3+0)3=1.663kN
We also know that dynamic load rating,

1/k 6 1/3
c—w(ﬁj = 1.663 37x10 =554kN A
= 06 “L 10° =5. ns.

... (- k=3, for ball bearing)
Example 27.2. Therolling contact ball
bearing are to be selected to support the
overhung countershaft. The shaft speed is

720 r.p.m. The bearings are to have 9% g pearings in “
reliability corresponding to alife of 24 000  , 4ce Oil  §58 ﬁ'
hours. The bearing is subjected to an i "

and material as 0.9 and 0.85 respectively.
Find the basic dynamic load rating of the
bearing from manufacturer's catalogue,
specified at 90% reliability.

Solution. Given : N = 720 r.p.m. ;
L,, =24 000 hours; W= 1kN

equivalent radial load of 1 kN. Consider life _
adjustment factors for operating condition % #
ﬂ"\_

Ball bearing

Another view of ball-bearings
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We know that life of the bearing corresponding to 99% reliability,
Lo =60N. L,, =60 x 720 x 24 000 = 1036.8 x 10° rev
Let Ly, = Life of the bearing corresponding to 90% reliability.

Considering life adjustment factors for operating condition and material as 0.9 and 0.85
respectively, we have

loge (1/ Ryg) " log, (1/0.99) T
ﬁ_{M} % 0.9 x 0.85 :[Oge( )} x 0.9 x 0.85

Loo |10, (17 Rey) log, 1/0.9)
0.01005 7%
= | 5i0ez x 0.9 x 0.85 = 0.1026

Loy = Lgg/ 0.1026 =1036.8 x 10°/ 0.1026 = 10 105 x 10° rev
We know that dynamic load rating,
Uk
_ ﬁj
c=w(12
6 \3
1 10105x 10 KN
B 10°
... (- k=3, for ball bearing)
=21.62KkN Ans.

27.15 Selection of Radial Ball
Bearings

In order to select a most suitable ball
bearing, first of all, the basic dynamic radial
load iscalculated. It isthen multiplied by the
service factor (Kg) to get the design basic
dynamic radial load capacity. The service Radial ball bearings
factor for the ball bearings is shown in the
followingtable.

Table 27.5. Values of service factor (K,).

SNo. Type of service Service factor (K) for radial
ball bearings
1. Uniform and steady |oad 1.0
2. Light shock load 15
3. Moderate shock load 20
4, Heavy shock load 25
5 Extreme shock load 3.0

After finding the design basic dynamic radial load capacity, the selection of bearing is made
from the catal ogue of amanufacturer. Thefoll owing table showsthe basic static and dynamic capacities
for various types of ball bearings.
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Table 27.6. Basic static and dynamic capacities of various types of radial ball

bearings.
Bearing Basic capacitiesin kN
No.
Single row deep Sngle row angular Double row angular Self-aligning

groove ball bearing contact ball bearing contact ball bearing ball bearing

Satic Dynamic Satic Dynamic Satic Dynamic Satic | Dynamic

() © () © () © () ©
(€ @ (©) ©) ©) (6) () () )
200 2.24 4 — — 4.55 7.35 1.80 5.70
300 3.60 6.3 — — — — — —
201 3 54 — — 5.6 8.3 2.0 5.85
301 4.3 7.65 — — — — 3.0 9.15
202 3155 6.10 3.75 6.30 5.6 8.3 2.16 6
302 5.20 8.80 — — 9.3 14 2835 9.3
203 4.4 7.5 4.75 7.8 8.15 11.6 2.8 7.65
303 6.3 10.6 7.2 11.6 12.9 19.3 4.15 11.2
403 11 18 — — — — — —
204 6.55 10 6.55 104 11 16 3.9 9.8
304 7.65 12.5 8.3 13.7 14 19.3 55 14
404 15.6 24 — — — — — —
205 7.1 11 7.8 11.6 13.7 17.3 4.25 9.8
305 104 16.6 12.5 19.3 20 26.5 7.65 19
405 19 28 — — — — — —
206 10 15.3 11.2 16 20.4 25 5.6 12
306 14.6 22 17 24.5 275 355 10.2 24.5
406 23.2 335 — — — — — —
207 13.7 20 15.3 21.2 28 34 8 17
307 17.6 26 204 28.5 36 45 13.2 30.5
407 30.5 43 — — — — — —
208 16 22.8 19 25 325 39 9.15 17.6
308 22 32 25.5 355 45.5 55 16 355
408 375 50 — — — — — —
209 18.3 255 21.6 28 375 415 10.2 18
309 30 415 34 45,5 56 67 19.6 425
409 a4 60 — — — — — —
210 21.2 275 23.6 29 43 47.5 10.8 18
310 355 48 40.5 53 73%5) 815 24 50
410 50 68 — — — — — —
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(1) %) ©) &) 5 (6) (M (® ©)
211 26 34 30 36.5 49 53 127 | 208
311 425 56 475 62 80 88 285 | 585
an 60 78 — — — — — —
212 32 405 36.5 a4 63 65.5 16 26.5
312 48 64 55 71 9.5 102 335 68
412 67 85 — — — — — —
213 35.5 44 43 50 69.5 69.5 20.4 34
313 55 72 63 80 112 118 39 75
413 76,5 93 — — — — — —
214 39 48 475 54 71 69.5 216 | 345
314 63 81.5 735 90 129 137 45 85
414 102 112 — — — — — —
215 425 52 50 56 80 76,5 224 | 345
315 72 9 815 98 140 143 52 95
415 110 120 — — — — — —
216 455 57 57 63 9.5 93 25 38
316 80 96.5 915 106 160 163 585 | 106
416 120 127 — — — _ _ _
217 55 65.5 65.5 71 100 106 30 455
317 88 104 102 114 180 180 62 110
417 132 134 — — — — — —
218 63 75 76,5 83 127 118 36 55
318 98 112 114 122 — — 69.5 | 118
418 146 146 — — — — — —
219 72 85 88 95 150 137 43 65.5
319 112 120 125 132 — — — —
220 815 96.5 93 102 160 146 51 76.5
320 132 137 153 150 — — — —
221 93 104 104 110 — — 56 85
321 143 143 166 160 — — — —
222 104 112 116 120 — — 64 98
322 166 160 193 176 — — — —

Note: The reader is advised to consult the manufacturer's catalogue for further and complete details of the
bearings.

Example 27.3. Select a single row deep groove ball bearing for aradial load of 4000 N and an
axial load of 5000 N, operating at a speed of 1600 r.p.m. for an average life of 5 years at 10 hours
per day. Assume uniform and steady |oad.

Solution. Given : Wy =4000 N ; W, =5000 N ; N = 1600 r.p.m.
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Sincethe averagelife of the bearing is 5 years at 10 hours per day, therefore life of the bearing

in hours,

L,, = 5x 300 x 10 = 15 000 hours ... (Assuming 300 working days per year)

and life of the bearing in revolutions,

L =60Nx L, =60x 1600 x 15 000 = 1440 x 10° rev
We know that the basic dynamic equivalent radial 1oad,
W = XV.W;+Y.W, (i)
In order to determinetheradial load factor (X) and axial load factor (Y), werequire W,/ W, and

W, 1 C,. Since the value of basic static load capacity (C) is not known, therefore let us take
W,/ C,=0.5. Now from Table 27.4, we find that the values of X and Y correspondingto W, / C,
= 0.5 and W, /W, = 5000/ 4000 = 1.25 (which is greater than e = 0.44) are

X =056 and Y=1
Sincetherotational factor (V) for most of the bearingsis 1, therefore basic dynamic equivalent

radial load,

W = 0.56 x 1 x 4000 + 1 x 5000 = 7240 N
From Table 27.5, we find that for uniform and steady load, the service factor (K¢) for ball

bearingsis 1. Therefore the bearing should be selected for W= 7240 N.

We know that basic dynamic load rating,
U3

1/k 6
L 1440 x 10
—w|—| =720 2| -
C W(losj ( 10F J 81760N

= 81.76 kN ... (*.r k=3, for ball bearings)

From Table 27.6, let us select the bearing No. 315 which has the following basic capacities,

Co,=72kN=72000N and C=90kN =90000N
Now W,/ C, = 5000/ 72 000 = 0.07
*. From Table 27.4, the values of X and Y are

X =056 and Y=16
Substituting these values in equation (i), we have dynamic equivalent load,

W = 0.56 x 1 x 4000 + 1.6 x 5000 = 10 240 N
-, Basic dynamic load rating,

1440 x 10°
10°

From Table 27.6, the bearing number 319 having C = 120 kN, may be selected. Ans.

Example 27.4. Asingle row angular contact ball bearing number 310 isused for an axial flow

]
C =10240 [ j =115 635 N = 115.635 kN

compressor. The bearing isto carry a radial load of 2500 N and an axial or thrust load of 1500 N.
Assuming light shock load, determine the rating life of the bearing.

Solution. Given: W =2500N ; W, = 1500 N
From Table 27.4, we find that for single row angular contact ball bearing, the values of radia

factor (X) and thrust factor (Y') for W, / W, = 1500 / 2500 = 0.6 are

X=1 and Y=0
Sincetherotational factor (V') for most of the bearingsis 1, therefore dynamic equivalent load,
W = XV.Wg+ Y.W, =1x1x 2500+ 0x 1500 = 2500 N
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From Table 27.5, we find that for light shock load, the service factor (K) is 1.5. Therefore the
design dynamic equivalent load should be taken as

W = 2500 x 1.5= 3750 N

From Table 27.6, we find that for a single row angular contact ball bearing number 310, the
basi c dynamic capacity,

C =53kN =53000N
We know that rating life of the bearing in revolutions,

k 3
_(cC 6 (53000 6 _ 5
L_(Wj x 10 _( 3750j x10° = 2823 x 10°rev Ans.

... (. k=3, for ball bearings)
Example 27.5. Design a self-aligning ball bearing for a radial load of 7000 N and a thrust

load of 2100 N. The desired life of the bearing is 160 millions of revolutions at 300 r.p.m. Assume
uniform and steady load,

Solution. Given: W, =7000N ; W, =2100 N ; L = 160 x 105 rev ; N =300 r.p.m.

From Table 27.4, wefind that for aself-aligning ball bearing, the values of radial factor (X) and
thrust factor () for W, / W, = 2100/ 7000 = 0.3, are as follows::

X =065 and Y=35
Sincetherotational factor (V) for most of the bearingsis 1, therefore dynamic equivalent load,
W = XV.W; + YW, =0.65x 1 x 7000 + 3.5 x 2100 = 11 900 N

From Table 27.5, wefind that for uniform and steady load, the service factor K¢ for ball bearings
is 1. Therefore the bearing should be selected for W= 11 900 N.

We know that the basic dynamic load rating,

Uk 5 1/3
160 x 10
C=W |1% =11900T =64 600 N = 64.6 kN

... (. k=3, for ball bearings)
From Table 27.6, let us select bearing number 219 having C = 65.5 kN Ans.

Example 27.6. Select a single row deep groove ball bearing with the operating cycle listed
below, which will have a life of 15 000 hours.

Fraction of Type of load Radial Thrust Soeed Service factor
cycle (N) (N) (RPM)
/10 Heavy shocks 2000 1200 400 3.0
/10 Light shocks 1500 1000 500 15
1/5 Moderate shocks 1000 1500 600 2.0
3/5 No shock 1200 2000 800 1.0

Assume radial and axial load factorsto be 1.0 and 1.5 respectively and inner race rotates.

Solution. Given: L, = 15000 hours ; W, =2000N ; W, , =1200N ; N, =400r.p.m.; Kg, =3;
Wy, = 1500 N ; W,, = 1000 N ; N, = 500 r.p.m.; Kg, = 1.5; W, = 1000 N ; W, = 1500 N ;
N, =600rp.m. ;Kgy=2;W,,=1200N ;W,,=2000N ;N,=800rpm. ;K =1;X=1;Y=15
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We know that basic dynamic equivalent radial load considering service factor is
W = [XV.W; + YW, ] Kg (i)
Itis given that radial load factor (X) = 1 and axial load factor (Y ) = 1.5. Since the rotational
factor (V) for most of the bearingsis 1, therefore equation (i) may be written as
W = (W +15W,) Kg
Now, substituting the values of W, W, and K4 for different operating cycle, we have
W, = (Wi, + L5W,,) Kg; = (2000 + 1.5 x 1200) 3=11400 N
W, = (W, + L5 W,,) Ko, = (1500 + 1.5 x 1000) 1.5=4500 N
W, = (Wgg + 1.5 W, ) K, = (1000 + 1.5 x 1500) 2 = 6500 N
and W, = (Wi, +1.5W,,) Ky, = (1200 + 1.5 x 2000) 1 = 4200 N
We know that life of the bearing in revolutions
L = 60N.L,, =60N x 15000 = 0.9 x 10° N rev
.. Life of the bearing for 1/10 of acycle,

L, = % x09x10°N, = % x 0.9 x 10° x 400 = 36 x 10° rev
Similarly, life of the bearing for the next 1/10 of acycle,
L, = % x0.9x10°N, = % x 0.9 x 10° x 500 = 45 x 10° rev
Life of the bearing for the next 1/5 of acycle,
Ly = % x0.9x 10°N, = % x 0.9 x 10° x 600 = 108 x 10° rev
and life of the bearing for the next 3/5 of acycle,

3 3
L4:§ ><0.9><106N4:§ x 0.9 x 10° x 800 = 432 x 106 rev

We know that equivalent dynamic load,

W = {Ll(\/\é)s +L (Wz)s + L (Ws)s + L (W4)3T3

L+L+L+L,

6 3 6 3 6 3 6 373
_ [ 36x10° (11 400)° + 45 x 10° (4500)° + 108 x 10° (6500)° + 432 x 10° (4200)
- 36 x10° + 45x 10° + 108 x 10° + 423 x 10°

621x 10°
and L=L,+L,+L,+L,
= 36 x 106 + 45 x 10° +108 x 106 + 432 x 106 = 621 x 106 rev
We know that dynamic load rating,

1/3
cow ( L J”" o [ B2X10°
- \aet) 10°

= 5767 x 853 =49 193 N = 49.193 kN

From Table 27.6, the single row deep groove ball bearing number 215 having C =52 kN may be
selected. Ans.

1/3
1.191x 108 x 10%
= = (0. X =
(0.1918 x 10913 = 5767 N
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27.16 Materials and Manufacture of Ball and Roller Bearings

Sincetherolling elementsand theracesare subjected to highlocal stresses of varying magnitude
with each revol ution of the bearing, therefore the material of therolling element (i.e. steel) should be
of high quality. The ballsare generally made of high carbon chromium steel. The material of both the
balls and races are heat treated to give extra hardness and toughness.

Ball and Roller Bearings

The balls are manufactured by hot forging on hammers from steel rods. They are then heat-
treated, ground and polished. Theraces are al so formed by forging and then heat-treated, ground and

polished.

27.17

Lubrication of Ball and Roller Bearings

Theball and roller bearings are [ubricated for the following purposes :

1
2.
3.
4.

To reduce friction and wear between the sliding parts of the bearing,
To prevent rusting or corrosion of the bearing surfaces,

To protect the bearing surfaces from water, dirt etc., and

To dissipate the heat.

Ingeneral, oil or light greaseis used for [ubricating ball and roller bearings. Only pure mineral
oil or acalcium-base grease should be used. If thereisapossibility of moisture contact, then potassium
or sodium-base greases may be used. Another additional advantage of the greaseisthat it formsaseal
to keep out dirt or any other foreign substance. It may be noted that too much oil or grease cause the
temperature of the bearing to rise due to churning. The temperature should be kept below 90°C and in
no case a bearing should operate above 150°C.

EXERCISES

Theball bearings are to be selected for an application in which theradial load is 2000 N during 90 per
cent of the time and 8000 N during the remaining 10 per cent. The shaft is to rotate at 150 r.p.m.
Determine the minimum value of the basic dynamic load rating for 5000 hours of operation with not
more than 10 per cent failures. [Ans. 13.8 kN]
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A ball bearing subjected to aradial load of 5 kN is expected to have alife of 8000 hoursat 1450 r.p.m.
with areliability of 99%. Calculate the dynamic load capacity of the bearing so that it can be selected
from the manufacturer's catalogue based on areliability of 90%. [Ans. 86.5 kN]
A ball bearing subjected to aradial load of 4000 N is expected to have a satisfactory life of 12 000
hours at 720 r.p.m. with a reliability of 95%. Calculate the dynamic load carrying capacity of the
bearing, so that it can be selected from manufacturer's catal ogue based on 90% reliability. If there are
four such bearings each with areliability of 95% in a system, what is the reliability of the complete
system? [Ans. 39.5 kN ; 81.45%]
A rolling contact bearing is subjected to the following work cycle :

(a) Radial load of 6000 N at 150 r.p.m. for 25% of thetime; (b) Radial load of 7500 N at 600 r.p.m. for
20% of thetime; and (c) Radial load of 2000 N at 300 r.p.m. for 55% of thetime.

The inner ring rotates and loads are steady. Select a bearing for an expected average life of 2500
hours.

A single row deep groove ball bearing operating at 2000 r.p.m. is acted by a 10 kN radial load and
8 kN thrust load. The bearing is subjected to a light shock load and the outer ring is rotating. Deter-
mine the rating life of the bearing. [Ans. 15.52 x 106 rev]

A ball bearing operates on the following work cycle :

Element No. Radial load Soeed Element time
(N) (RPM.) (%)
1 3000 720 30
2. 7000 1440 40
3. 5000 900 30

The dynamic load capacity of the bearing is 16 600 N. Calculate 1. the average speed of rotation ;
2. the equivaent radial load ; and 3. the bearing life.

[Ans. 1062 r.p.m. ; 6.067 kN ; 20.5 x 106 rev]
QUESTIONS

What are rolling contact bearings? Discuss their advantages over sliding contact bearings.

Write short note on classifications and different types of antifriction bearings.

Where are the angular contact and self-aligning ball bearings used? Draw neat sketches of these
bearings.

How do you express the life of a bearing? What is an average or median life?

Explain how the following factors influence the life of a bearing:

(@) Load (b) Speed (c) Temperature  (d) Reliability
Define the following terms as applied to rolling contact bearings:

(a) Basic static load rating (b) Static equivalent load

(c) Basicdynamic load rating (d) Dynamic equivalent load.

Derivethefollowing expression as applied to rolling contact bearings subjected to variableload cycle

W e i/Nl(\/\&)s + Np (W5)3 + Ng (W) + .

e Ny + No + N3 +....
where W, = Equivalent cubic load,

W,, W, and W, = Loads acting respectively for N;, N,, N, ....

Select appropriate type of rolling contact bearing under the following condition of loading giving
reasons for your choice.

1. Light radia load with high rotational speed.

2. Heavy axia and radial load with shock.

3. Light load where radial spaceisvery limited.

4, Axial thrust only with medium speed.
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OBJECTIVE TYPE QUESTIONS

1. Therolling contact bearings are known as

(a) thick lubricated bearings (b) plastic bearings

(c) thin lubricated bearings (d) antifriction bearings
2. Thebearings of medium series have capacity .......... over the light series.

() 10to 20% (b) 20to 30%

(c) 30to40% (d) 40 to 50%
3. Thebearings of heavy series have capacity .......... over the medium series.

(@) 10to20% (b) 20to 30%

() 30to40% (d) 40 to 50%

4. Theball bearings are usually made from
(@) low carbon steel
(b) medium carbon steel
(c) high speed steel
(d) chromenickel steel
5. Thetapered roller bearings can take
(a) radial load only
(b) axial load only
(c) bothradia and axial loads
(d) none of the above
6. The piston pin bearings in heavy duty diesel
engines are
(@) needleroller bearings
(b) tapered roller bearings
(c) spherical roller bearings
(d) cylindrical roller bearings
7. Which of the following is antifriction bearing?
(a) journal bearing Ball bearing
(b) pedestal bearing
(c) collar bearing
(d) needlebearing
8. Ball and roller bearings in comparison to siding bearings have

(@) moreaccuracy in aignment (b) small overal dimensions
(c) low starting and running friction (d) all of these
9. A bearing is designated by the number 405. It means that a bearing is of
(a) light serieswith bore of 5 mm (b) medium series with bore of 15 mm
(c) heavy serieswith bore of 25 mm (d) light series with width of 20 mm
10. Thelisted life of arolling bearing, in a catalogue, isthe
(8 minimum expected life (b)  maximum expected life
(c) averagelife (d) none of these
ANSWERS
1. (d) 2. (¢ 3. (b) 4. (d) 5. (¢

6. (a) 7. (d) 8. (d) 9. (9 10. ()
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I7.
12,

13.

14.

15.

16.

17.

18.

19.

Infroduction.

Friction Wheels.

Advantages and
Disadvantages of Gear Drives.
Classification of Gears.

Terms used in Gears.
Condition for Constant
Velocity Ratio of Gears-Law of
Gearing.

Forms of Teeth.

Cycloidal Teeth.

Involute Teeth.

. Comparison Between Involute

and Cycloidal Gears.

Systems of Gear Teefth.
Standard Proportions of Gear
Systems.

Interference in Involute Gears.
Minimum Number of Teeth on
the Pinion in order to Avoid
Interference.

Gear Materials.

Design Considerations for a
Gear Drive.

Beam Strength of Gear Teeth-
Lewis Equation.

Permissible Working Stress for
Gear Teeth in Lewis Equation.
Dynamic Tooth Load.

20. Static Tooth Load.
21. Wear Tooth Load.

22
23,

24,
26.
26.

Causes of Gear Tooth Failure.
Design Procedure for Spur
Gears.

Spur Gear Construction.
Design of Shaft for Spur Gears.
Design of Arms for Spur Gears.

28.1 Introduction

We havediscussed earlier that the slipping of abelt or
rope is a common phenomenon, in the transmission of
motion or power between two shafts. The effect of slipping
is to reduce the velocity ratio of the system. In precision
machines, in which adefinite velocity ratiois of importance
(asinwatch mechanism), the only positivedriveisby gears
or toothed wheels. A gear drive is also provided, when
the distance between the driver and the follower is very
small.

28.2 Friction Wheels

The motion and power transmitted by gears is
kinematically equivalent to that transmitted by frictional
wheelsor discs. In order to understand how the motion can
be transmitted by two toothed wheels, consider two plain
circular wheels A and B mounted on shafts. Thewheelshave
sufficient rough surfaces and press against each other as
shownin Fig. 28.1.

1021
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Fig. 28.1. Friction wheels. Fig. 28.2. Gear or toothed wheel.

Let thewheel Aiskeyed to the rotating shaft and the wheel B to the shaft to be rotated. A little
consideration will show that when thewheel Aisrotated by arotating shaft, it will rotate the wheel B
inthe opposite direction asshown in Fig. 28.1. Thewheel B will berotated by thewheel A solong as
thetangential force exerted by thewheel A does not exceed the maximum frictional resistance between
thetwo wheels. But when the tangential force (P) exceedsthe *frictional resistance (F), slipping will
take place between the two wheels.

In order to avoid the slipping, a number of projections (called teeth) as shownin Fig. 28.2 are
provided on the periphery of thewheel Awhichwill fit into the corresponding recesses on the periphery
of thewheel B. A friction wheel with theteeth cut onitisknown asgear or toothed wheel. The usual
connection to show the toothed wheelsis by their pitch circles.

Note: Kinematically, the friction wheels running without slip and toothed gearing are identical. But due to the
possihility of dlipping of wheels, the friction wheels can only be
used for transmission of small powers.

28.3 Advantages and Disadvantages of
Gear Drives
Thefollowing are the advantages and disadvantages
of the gear drive as compared to other drives, i.e. belt, rope
and chain drives:
Advantages
It transmits exact velocity ratio.
It may be used to transmit large power.
It may be used for small centre distances of shafts.
It has high efficiency.
It hasreliable service.
It has compact layout.
Dlsadvantag% , ,
1. Since the manufacture of gears require special Tq glgﬁfﬁggﬁézgoe, gfje\%,iof ;gf:rgg
tools and equipment, therefore it is costlier than be changed by changing gears.
other drives.

*  Weknow thet frictional resistance, F = 1 . Ry
where u = Coefficient of friction between the rubbing surfaces of the two wheels, and
Ry = Normal reaction between the two rubbing surfaces.

ok wdE
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2. Theerror in cutting teeth may cause vibrations and noise during operation.

3. Itrequiressuitable [ubricant and reliable method of applying it, for the proper operation of
gear drives.

28.4 Classification of Gears
The gears or toothed wheels may be classified asfollows:

1. According to the position of axes of the shafts. The axes of the two shafts between which
the motion isto be transmitted, may be

(a) Parallel, (b) Intersecting, and (c) Non-intersecting and non-parallel.

Thetwo paralel and co-planar shafts connected by the gearsisshownin Fig. 28.2. These gears
are called spur gearsand the arrangement is known as spur gearing. These gears have teeth parallel
to the axis of the wheel as shown in Fig. 28.2. Another name given to the spur gearing is helical
gearing, in which the teeth are inclined to the axis. The single and double helical gears connecting
parallel shaftsare shownin Fig. 28.3 (a) and (b) respectively. The object of the double helical gear is
to balance out the end thrusts that are induced in single helical gears when transmitting load. The
doublehelical gearsareknown asherringbonegears. A pair of spur gearsare kinematically equivalent
to apair of cylindrical discs, keyed to aparallel shaft having line contact.

The two non-parallel or intersecting, but coplaner shafts connected by gears is shown in
Fig. 28.3(c). These gears are called bevel gears and the arrangement is known as bevel gearing.
The bevel gears, like spur gears may also have their teeth inclined to the face of the bevel, in
which case they are known as helical bevel gears.
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(a) Single helical (b) Double helical (c) Bevel gear. (d) Spiral gear.
gear. gear.

Fig. 28.3

Thetwo non-intersecting and non-parallel i.e. non-coplanar shafts connected by gearsisshown
in Fig. 28.3 (d). These gears are called skew bevel gears or spiral gears and the arrangement is
known as skew bevel gearing or spiral gearing. This type of gearing also have aline contact, the
rotation of which about the axes generates the two pitch surfaces known as hyperboloids.

Notes: (i) When equal bevel gears (having equal teeth) connect two shaftswhose axes are mutually perpendicu-
lar, then the bevel gears are known as mitres.

(ii) A hyperboloid is the solid formed by revolving a straight line about an axis (not in the same plane),
such that every point on the line remains at a constant distance from the axis.

(iii) Theworm gearing is essentially aform of spiral gearing in which the shaftsare usually at right angles.

2. According to the peripheral velocity of the gears. The gears, according to the peripheral
velocity of the gears, may be classified as:

(a) Low velocity, (b) Medium velocity, and (c) High velocity.
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The gears having velocity less than 3 m/s are termed as low velocity gears and gears having
velocity between 3 and 15 m / sare known as medium velocity gears. If the vel ocity of gearsismore
than 15 m/ s, then these are called high speed gears.

3. According to the type of gearing. The gears, according to the type of gearing, may be
classified as:

(a) External gearing, (b) Internal gearing, and (c) Rack and pinion.

(a) External gearing. (b) Internal gearing.
Fig. 28.4

In external gearing, the gears of the two shafts mesh externally with each other as shownin
Fig. 28.4 (a). The larger of these two wheelsis called spur wheel or gear and the smaller wheel is
called pinion. In an external gearing, the motion of the two wheelsis always unlike, as shown in
Fig. 28.4 (a).

Ininternal gearing, the gears of the two shafts mesh internally with each other asshowninFig.
28.4 (b). The larger of these two wheels is called annular wheel and the smaller wheel is called
pinion. Inaninterna gearing, the motion of the wheelsis alwayslike as shown in Fig. 28.4 (b).

Sometimes, the gear of a shaft meshes externally and
internally with the gearsin a* straight line, asshownin Fig.
28.5. Such a type of gear is called rack and pinion. The
straight line gear is called rack and the circular wheel is
called pinion. A little consideration will show that with the
help of arack and pinion, we can convert linear motion into
rotary motion and vice-versa as shown in Fig. 28.5.

4. According to the position of teeth on the gear
surface. The teeth on the gear surface may be

(a) Straight, (b) Inclined, and (c) Curved.

We have discussed earlier that the spur gears have
straight teeth whereas helical gears havetheir teeth inclined
tothewheel rim. In case of spiral gears, theteeth are curved
over therim surface.

Fig. 28.5. Rack and pinion.

28.5 Terms used in Gears

Thefollowing terms, which will be mostly used in this chapter, should be clearly understood at
this stage. Theseterms areillustrated in Fig. 28.6.

1. Pitch circle. It is an imaginary circle which by pure rolling action, would give the same
motion as the actual gear.

* A gtraight line may also be defined as awheel of infinite radius.
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2. Pitch circle diameter. It is the diameter of the pitch circle. The size of the gear is usually
specified by the pitch circle diameter. It isaso called as pitch diameter.

3. Pitch point. It isacommon point of contact between two pitch circles.

4. Pitch surface. It isthe surface of the rolling discs which the meshing gears have replaced at
the pitch circle.

5. Pressureangleor angle of obliquity. It isthe angle between the common normal to two gear
teeth at the point of contact and the common tangent at the pitch point. It isusually denoted by ¢. The
standard pressure angles are 14%,° and 20°.

6. Addendum. It isthe radial distance of atooth from the pitch circle to the top of the tooth.
7. Dedendum. Itistheradial distance of atooth from the pitch circle to the bottom of the tooth.
8. Addendum circle. Itisthecircle drawn through the top of theteeth and is concentric with the
pitch circle.
9. Dedendum circle. It isthe circle drawn through the bottom of the teeth. It isalso called root
circle.
Note: Root circle diameter = Pitch circle diameter x cos ¢, where ¢ is the pressure angle.
10. Circular pitch. It isthe distance measured on the circumference of the pitch circle from

apoint of one tooth to the corresponding point on the next tooth. It is usually denoted by p..
Mathematically,

Circular pitch, p, =7 D/T
where D = Diameter of the pitch circle, and
T = Number of teeth on the wheel.
Alittle consideration will show that the two gearswill mesh together correctly, if the two wheels
have the same circular pitch.
Note: If D, and D, are the diameters of the two meshing gears having the teeth T, and T, respectively; then for
them to mesh correctly,

nD, _ nD, Db T

pc Tl T2 o D2 - T2

Addendum circle
Top land

&

©
Addendum T Pitch surface element

Dedendum
Working depth

[ Pitch circle

Tooth thickness

Clearance

Clearance or working
depth circle

Fig. 28.6. Terms used in gears.
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Spur gears

11. Diametral pitch. Itistheratio of number of teeth to the pitch circle diameter in millimetres.
It denoted by p,. Mathematically,

Diametral pitch . = &= T (i po-22)
lametral pitch, py = D o I T
where T = Number of teeth, and

D = Pitch circle diameter.
12. Module. Itistheratio of the pitch circle diameter in millimetresto the number of teeth. Itis
usually denoted by m. Mathematically,
Module, m=D/T

Note : The recommended series of modulesin Indian Standard are 1, 1.25, 1.5, 2, 2.5, 3, 4, 5, 6, 8, 10, 12, 16,
20, 25, 32, 40 and 50.

The modules 1.125, 1.375, 1.75, 2.25, 2.75, 3.5,4.5,5.5, 7, 9, 11, 14, 18, 22, 28, 36 and 45 are of second
choice.

13. Clearance. Itistheradial distance from the top of the tooth to the bottom of the tooth, ina
meshing gear. A circle passing through the top of the meshing gear is known as clearance circle.

14. Total depth. It isthe radial distance between the addendum and the dedendum circle of a
gear. It isequal to the sum of the addendum and dedendum.

15. Working depth. It isradial distance from the addendum circle to the clearance circle. It is
equal to the sum of the addendum of the two meshing gears.

16. Tooth thickness. It isthe width of the tooth measured along the pitch circle.

17. Tooth space. It is the width of space between the two adjacent teeth measured along the
pitch circle.

18. Backlash. It isthe difference between the tooth space and the tooth thickness, as measured
on the pitch circle.
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19. Face of thetooth. It is surface of the tooth above the pitch surface.

20. Top land. It isthe surface of the top of the tooth.

21. Flank of thetooth. It isthe surface of the tooth below the pitch surface.

22. Facewidth. It isthe width of the gear tooth measured parallel to its axis.

23. Profile. It isthe curve formed by the face and flank of the tooth.

24. Fillet radius. It isthe radius that connects the root circle to the profile of the tooth.

25. Path of contact. It isthe path traced by the point of contact of two teeth from the beginning
to the end of engagement.

26. Length of the path of contact. It isthelength of the common normal cut-off by the addendum
circles of the wheel and pinion.

27. Arc of contact. It isthe path traced by a point on the pitch circle from the beginning to the
end of engagement of a given pair of teeth. The arc of contact consists of two parts, i.e.

(a) Arcof approach. Itisthe portion of the path of contact from the beginning of the engagement
to the pitch point.

(b) Arc of recess. It isthe portion of the path of contact from the pitch point to the end of the
engagement of apair of teeth.

Note: Theratio of thelength of arc of contact to the circular pitch isknown ascontact ratioi.e. number of pairs
of teeth in contact.

28.6 Condition for Constant Velocity Ratio of Gears-Law of Gearing

Consider the portions of thetwo teeth, one on thewhedl 1 (or pinion) and the other on the wheel
2, as shown by thick line curvesin Fig. 28.7. Let the two teeth come in contact at point Q, and the
wheelsrotate in the directions as shown in the figure.

Let T T bethe common tangent and MN be the common normal to the curvesat point of contact
Q. From the centres O, and O,,, draw O,M and O,N perpendicular to MN. A little consideration will
show that the point Q moves in the direction QC, when considered as apoint on wheel 1, and in the
direction QD when considered as a point on wheel 2.

Letv, and v, bethe velocities of the point Q on the wheels 1 and 2 respectively. If the teeth are
to remain in contact, then the components of these velocities
along the common normal MN must be equal .

. Vv, COso. =V, Cos 3
or (0, x0,Q)cosa = (0, x O,Q) cos P
oM O,N
X =4 = (9, x0,Q)
(my xOQ) 00 2 %P2 59
®,.O;M = w,.O,N
o ON .
or o, = _QM (1)
Also from similar triangles O,MP and O,NP,
oM = @ (i)
Combining equations (i) and (ii), we have

o _ ON OP (il
- = - LU
, oM OP

We see that the angular velocity ratio is inversely Fig. 28.7. Law of gearing.
proportional to the ratio of the distance of P from the centres
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Contents

O, and O,, or the common normal to the two surfaces at the point of contact Q intersects the line of
centres at point P which divides the centre distance inversely astheratio of angular velocities.

Aircraft landing gear is especially designed to absorb shock and energy when an
aircraft lands, and then release gradually.

Therefore, in order to have a constant
angular velocity ratio for all positions of the
wheels, P must be thefixed point (called pitch
point) for the two wheels. In other words, the
common normal at the point of contact
between a pair of teeth must always pass
through the pitch point. This is fundamental
condition which must be satisfied while
designing the profiles for the teeth of gear
whesels. It isalso known aslaw of gearing.

Notes: 1. The above condition is fulfilled by teeth
of involute form, provided that theroot circlesfrom
which the profiles are generated are tangentia to
the common normal.

2. If the shape of onetooth profileisarbitrary
chosen and another tooth is designed to satisfy the
above condition, then the second tooth is said to be
conjugate to the first. The conjugate teeth are not

Gear trains inside a mechanical watch

in common use because of difficulty in manufacture and cost of production.

3. If D, and D, are pitch circle diameters of wheel 1 and 2 having teeth T, and T, respectively, then

velocity ratio,

o, OP D T,

@ _ OP_D, T
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28.7 Forms of Teeth

We have discussed inArt. 28.6 (Note 2) that conjugate teeth are not in common use. Therefore,
in actua practice, following are the two types of teeth commonly used.

1. Cycloidal teeth ; and 2. Involute teeth.

We shall discuss both the above mentioned types of teeth in the following articles. Both these
forms of teeth satisfy the condition as explained in Art. 28.6.

28.8 Cycloidal Teeth

A cycloid is the curve traced by a point on the circumference of a circle which rolls without
dlipping on afixed straight line. When acircle rollswithout slipping on the outside of afixed circle,
the curvetraced by apoint on the circumference of acircleisknown as epicycloid. On the other hand,
if acirclerollswithout slipping on theinside of afixed circle, then the curve traced by a point on the
circumference of acircleis called hypocycloid.

" _Pitch
circle

Fig. 28.8. Construction of cycloidal teeth of agear.

In Fig. 28.8 (a), the fixed line or pitch line of arack is shown. When the circle C rolls without
dipping abovethepitch lineinthedirection asindicated in Fig. 28.8 (a), then the point P onthecircle
traces the epicycloid PA. This represents the face of the cycloidal tooth profile. When the circle D
rolls without slipping below the pitch line, then the point P on the circle D traces hypocycloid PB
which represents the flank of the cycloidal tooth. The profile BPA is one side of the cycloidal rack
tooth. Similarly, thetwo curvesP' A" and P' B' forming the opposite side of thetooth profile aretraced
by the point P' when the circles C and D rall in the opposite directions.

In the similar way, the cycloidal teeth of a gear may be constructed as shown in Fig. 28.8 (b).
Thecircle Cisrolled without slipping on the outside of the pitch circle and the point P on the circle
C traces epicycloid PA, which represents the face of the cycloidal tooth. The circle D isrolled on the
inside of pitch circle and the point P on thecircle D traces hypocycloid PB, which representsthe flank
of thetooth profile. The profile BPA is one side of the cycloidal tooth. The opposite side of the tooth
istraced as explained above.

The construction of thetwo mating cycloidal teethisshownin Fig. 28.9. A point onthecircleD
will trace the flank of thetooth T, when circle D rollswithout slipping on theinside of pitch circle of
wheel 1 and face of tooth T, when the circle D rolls without slipping on the outside of pitch circle of
wheel 2. Similarly, a point on the circle C will trace the face of tooth T, and flank of tooth T,,. The
rolling circles C and D may have unequal diameters, but if several wheels are to be interchangeable,
they must haverolling circles of equal diameters.
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Pitch circle of wheel 2

Pitch circle of wheel 1

Fig. 28.9. Construction of two mating cycloidal teeth.

A little consideration will show that the common normal
XX at the point of contact between two cycloidal teeth always
passes through the pitch point, which isthe fundamental con-
dition for a constant velocity ratio.

28.9 Involute Teeth

An involute of a circle is a plane curve generated by a
point on a tangent, which rolls on the circle without slipping
or by apoint on ataut string which is unwrapped from areel
asshowninFig. 28.10 (a). In connection with toothed wheels,
the circle is known as base circle. The involute is traced as
follows:

Let Abethe starting point of theinvolute. The basecircle
is divided into equal number of parts e.g. AP, P, P,, P, P,
etc.The tangents at P,, P,, P, etc., are drawn and the lenghts
P.A;, P,A,, P;A; equal to the arcs AP, AP, and AP, are set
off. Joining the points A, A, A,, A, etc., we obtain theinvolute
curve AR. A little consideration will show that at any instant
A,, thetangent AT to theinvoluteis perpendicular to P,A, and
P,A, is the normal to the involute. In other words, normal at
any point of an involuteis atangent to the circle.

Now, let O, and O, be the fixed centres of the two base
circles as shown in Fig. 28.10(b). Let the corresponding
involutes AB and A'B' bein contact at point Q. MQ and NQ are
normals to the involute at Q and are tangents to base circles.
Sincethe normal for aninvolute at agiven point isthe tangent
drawn from that point to the base circle, therefore the common
normal MN at Q is also the common tangent to the two base
circles. We see that the common normal MN intersectstheline
of centres O,0, at the fixed point P (called pitch point).
Therefore the invol ute teeth satisfy the fundamental condition
of constant velocity ratio.

The clock built by Galelio
used gears.
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From similar triangles O, NP and O, MP,
OlM — % = & (I)
ON 0P o
which determinestheratio of the radii of thetwo base circles. Theradii of the base circlesisgiven by
OM =0, Pcos¢, and O,N=0,P cos¢
where ¢ isthe pressure angle or the angle of obliquity.
Also the centre distance between the base circles
oM N O,N OM +O,N

- QP +0,P
% 2 cos¢  Ccosd cosd
As Base o
R circle |

Ay \ [

T Al T
\ Rolling
tangent T T T =

Base circle

(@) (b)

Fig. 28.10. Construction of involute teeth.

A little consideration will show, that if the centre distance is changed, then the radii of pitch
circlesalso changes. But their ratio remains unchanged, becauseit isequal to theratio of thetwo radii
of the base circles[See equation (i)]. The common normal, at the point of contact, still passesthrough
the pitch point. As a result of this, the wheel continues to work correctly*. However, the pressure
angleincreases with the increase in centre distance.

28.10 Comparison Between Involute and Cycloidal Gears

In actual practice, theinvolute gears are more commonly used as compared to cycloidal gears,
dueto the following advantages :

Advantages of involute gears
Following are the advantages of involute gears :

1. The most important advantage of the involute gears is that the centre distance for a pair of
involute gears can be varied within limits without changing the velocity ratio. This is not true for
cycloidal gears which requires exact centre distance to be maintained.

2. Ininvolute gears, the pressure angle, from the start of the engagement of teeth to the end of
the engagement, remains constant. It is necessary for smooth running and less wear of gears. But in
cycloidal gears, the pressure angle is maximum at the beginning of engagement, reduces to zero at
pitch point, startsincreasing and again becomes maximum at the end of engagement. Thisresultsin
less smooth running of gears.

3. The face and flank of involute teeth are generated by a single curve whereas in cycloidal
gears, double curves(i.e. epicycloid and hypocycloid) arerequired for the face and flank respectively.

*  |tisnot the case with cycloidal teeth.
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Thustheinvoluteteeth are easy to manufacturethan cycloidal teeth. Ininvolute system, the basic rack
has straight teeth and the same can be cut with simple tools.

Note: Theonly disadvantage of theinvolute teeth isthat the interference occurs (Refer Art. 28.13) with pinions
having smaller number of teeth. Thismay be avoided by altering the heights of addendum and dedendum of the
mating teeth or the angle of obliquity of the teeth.

Advantages of cycloidal gears
Following are the advantages of cycloidal gears:

1. Sincethe cycloidal teeth have wider flanks, therefore the cycloidal gears are stronger than
theinvolute gearsfor the same pitch. Dueto thisreason, the cycloidal teeth are preferred specially for
cast teeth.

2. In cycloidal gears, the contact takes place between a convex flank and concave surface,
whereas in involute gears, the convex surfaces are in contact. This condition resultsin less wear in
cycloidal gears as compared to involute gears. However the differencein wear is negligible.

3. Incycloidal gears, the interference does not occur at all. Though there are advantages of
cycloidal gearsbut they are outweighed by the greater simplicity and flexibility of theinvolute gears.

28.11 Systems of Gear Teeth
Thefollowing four systems of gear teeth are commonly used in practice.

1. 14% Composite system, 2. 14%,° Full depth involute system, 3. 20° Full depth involute
system, and 4. 20° Stub involute system.

The 14Y%5 composite system is used for general purpose gears. It is stronger but has no inter-

changeability. Thetooth profile of thissystem has cycloidal curvesat thetop and bottom and involute
curve at the middle portion. The teeth are produced by formed milling cutters or hobs. The tooth

profile of the 14Y° full depth involute system was developed for use with gear hobs for spur and
helical gears.
Thetooth profile of the 20° full depth involute system may be cut by hobs. Theincrease of the

pressure angle from 14%,° to 20° resultsin a stronger tooth, because the tooth acting as a beam is
wider at the base. The 20° stub involute system has a strong tooth to take heavy loads.

28.12 Standard Proportions of Gear Systems

Thefollowing table shows the standard proportionsin module (m) for the four gear systems as
discussed in the previous article.

Table 28.1. Standard proportions of gear systems.

S No. | Particulars 14];’2° composite or full 20° full depth 20° stub involute
depth involute system involute system system
1. Addendum im im 0.8m
2. Dedendum 1.25m 1.25m Im
3. Working depth 2m 2m 1.60 m
4, Minimum total depth 225m 2.25m 1.80m
5, Tooth thickness 1.5708 m 1.5708 m 1.5708 m
6. Minimum clearance 0.25m 0.25m 0.2m
7. Fillet radius at root 0.4 m 0.4 m 04m
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28.13 Interference in Involute Gears

A pinion gearing with awheel is shownin Fig.
28.11. MN is the common tangent to the base circles
and KL isthe path of contact between the two mating
teeth. A little consideration will show, that if theradius
of the addendum circle of pinionisincreased to O,N,
the point of contact L will move from L to N. When
thisradiusisfurther increased, the point of contact L
will be on the inside of base circle of wheel and not
on the involute profile of tooth on wheel. The tip of
tooth on the pinion will then undercut thetooth onthe
wheel at the root and remove part of the involute
profile of tooth on the whedl. This effect is known as
interference and occurs when the teeth are being cut.
In brief, the phenomenon when the tip of a tooth
undercuts the root on its mating gear is known as
interference. A drilling machine drilling holes for lamp

retaining screws

Base circle

Pitch circle

Actual addendum circle

Max. addendum circle

Max. addendum circle

Actual addendum circle

Pitch circle

Base circle

Fig. 28.11. Interference in involute gears.

Similarly, if the radius of the addendum circle of the wheel increases beyond O,M, then thetip
of tooth on wheel will cause interference with the tooth on pinion. The points M and N are called
interference points. Obvioudly interference may be avoided if the path of contact does not extend
beyond interference points. The limiting value of the radius of the addendum circle of the pinionis
O;N and of the wheel is O,M.

From the above discussion, we conclude that the interference may only be avoided, if the point
of contact between the two teeth is always on the involute profiles of both the teeth. In other words,
interferencemay only be prevented, if theaddendum circlesof thetwo mating gears cut the common
tangent to the base circles between the points of tangency.
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Note: Inorder to avoid interference, the limiting value of the radius of the addendum circle of the pinion (O, N)
and of the wheel (O, M), may be obtained as follows:

From Fig. 28.11, we see that

ON = J(OM)? + (MN)? =(1,)? +[(r + R) sin¢]?
where r, = Radius of base circle of the pinion = O,P cos¢ = cos ¢
Similarly OM = (ON)? + (MN)2 =/(Ry)2 +[(r + R) sino]?
where R, = Radius of base circle of the wheel = O,P cos ¢ = Rcos ¢

28.14 Minimum Number of Teeth on the Pinion in Order to Avoid
Interference

We have seen in the previous article that the interference may only be avoided, if the point of
contact between the two teeth is always on the involute profiles of both the teeth. The minimum
number of teeth on the pinion which will mesh with any gear (also rack) without interference are
giveninthefollowing table.

Table 28.2. Minimum number of teeth on the pinion in order to avoid interference.

S No. Systems of gear teeth Minimum number of teeth on the pinion
1. 14%, Composite 12
2. 14%5 Full depth involute 32
3. 20° Full depth involute 18
4. 20° Stub involute 14

The number of teeth on the pinion (T,,) in order to avoid interference may be obtained from the
following relation :

2Ay

=
GN1+1(1+2) sin¢ —1}
G\G

Fraction by which the standard addendum for the wheel should be
multiplied,

G = Gear ratio or velocity ratio= T,/ T,=Dg/ D,

¢ = Pressure angle or angle of obliquity.

28.15 Gear Materials

Thematerial used for the manufacture of gears depends upon the strength and service conditions
like wear, noise etc. The gears may be manufactured from metallic or non-metallic materials. The
metallic gears with cut teeth are commercially obtainable in cast iron, steel and bronze. The non-
metallic materialslike wood, rawhide, compressed paper and synthetic resinslike nylon are used for
gears, especially for reducing noise.

The cast iron is widely used for the manufacture of gears due to its good wearing properties,
excellent machinability and ease of producing complicated shapes by casting method. The cast iron
gears with cut teeth may be employed, where smooth action is not important.

The steel is used for high strength gears and steel may be plain carbon steel or alloy steel.
The steel gears are usually heat treated in order to combine properly the toughness and tooth
hardness.

where
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The phosphor bronzeiswidely used for worm gearsin order to reduce wear of the wormswhich
will be excessivewith cast iron or steel. The following table shows the properties of commonly used

gear materials.

Table 28.3. Properties of commonly used gear materials.

Material Condition Brinell hardness Minimum tensile
number strength (N/mm?)
@ @ ©) (4)

Malleable cast iron

(@) White heart castings, Grade B — 217 max. 280

(b) Black heart castings, Grade B — 149 max. 320

Castiron

(@) Grade 20 Ascast 179 min. 200

(b) Grade 25 Ascast 197 min. 250

(c) Grade35 Ascast 207 min. 250

(d) Grade35 Heat treated 300 min. 350

Cast stedl — 145 550

Carbon steel

(@) 0.3% carbon Normalised 143 500

(b) 0.3% carbon Hardened and 152 600
tempered

(c) 0.4% carbon Normalised 152 580

(d) 0.4% carbon Hardened and 179 600
tempered

(e) 0.35% carbon Normalised 201 720

(f) 0.55% carbon Hardened and 223 700
tempered

Carbon chromium steel

(@) 0.4% carbon Hardened and 229 800
tempered

(b) 0.55% carbon " 225 900

Carbon manganese steel

(@) 0.27% carbon Hardened and 170 600
tempered

(b) 0.37% carbon " 201 700

Manganese molybdenum steel

(@ 35Mn2Mo 28 Hardened and 201 700
tempered

(b) 35Mn2Mo45 ! 229 800

Chromium molybdenum steel

(@ 40Cr1Mo28 Hardened and 201 700
tempered

(b) 40Cr 1Mo 60 ! 248 900
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(€ @ (©) 4
Nickel steel
40 Ni 3 229 800
Nickel chromium steel
30Ni4Crl " 444 1540
Nickel chromium molybdenum steel Hardness and
40Ni 2Cr 1Mo 28 tempered 255 900
Surface hardened steel
(@) 0.4% carbon steel — 145 (core) 551
460 (case)
(b) 0.55% carbon steel — 200 (core) 708
520 (case)
(c) 0.55% carbon chromium steel — 250 (core) 866
500 (case)
(d) 1% chromium steel — 500 (case) 708
(e) 3% nickel steel — 200 (core) 708
300 (case)
Case hardened steel
(@) 0.12to 0.22% carbon — 650 (case) 504
(b) 3% nickel — 200 (core) 708
600 (case)
() 5% nickel steel — 250 (core) 866
600 (case)
Phosphor bronze castings Sand cast 60 min. 160
Chill cast 70 min. 240
Centrifugal cast 90 260

Contents

28.16 Design Considerations for a Gear Drive

In the design of agear drive, the following datais usually given :

1. The power to be transmitted.

2. The speed of the driving gear,

3. The speed of the driven gear or the velocity ratio, and

4. The centre distance.

The following requirements must be met in the design of agear drive:

(a) The gear teeth should have sufficient strength so that they will not fail under static loading
or dynamic loading during normal running conditions.

(b) The gear teeth should have wear characteristics so that their life is satisfactory.
(c) The use of space and material should be economical.

(d) The aignment of the gears and deflections of the shafts must be considered because they
effect on the performance of the gears.

(e) Thelubrication of the gears must be satisfactory.
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28.17 Beam Strength of Gear Teeth - Lewis Equation

The beam strength of gear teeth is determined from an equation (known as * Lewis equation)
and the load carrying ability of the toothed gears as determined by this equation gives satisfactory
results. In the investigation, Lewis assumed that as the load is being transmitted from one gear to
another, it isall given and taken by onetooth, becauseit is not always safe to assume that theload is
distributed among several teeth. When contact begins, the load is assumed to be at the end of the
driven teeth and as contact ceases, it is at the end of the driving teeth. This may not be true when the
number of teethin apair of mating gearsislarge, because the load may be distributed among several
teeth. But it isalmost certain that at some time during the contact of teeth, the proper distribution of
load does not exist and that onetooth must transmit
the full load. In any pair of gears having unlike
number of teeth, the gear which have the fewer
teeth (i.e. pinion) will be the weaker, because the
tendency toward undercutting of the teeth becomes
more pronounced in gears as the number of teeth
becomes smaller.

Consider each tooth as a cantilever beam
loaded by a normal load (W,) as shown in Fig.
28.12. It is resolved into two components i.e.
tangential component (W;) and radial component
(W) acting perpendicular and parallel to the centre
line of the tooth respectively. The tangential component (W) induces abending stresswhich tendsto
break thetooth. Theradial component (W) inducesacompressivestressof relatively small magnitude,
therefore its effect on the tooth may be neglected. Hence, the bending stressis used as the basis for
design calculations. The critical section or the section of maximum bending stress may be obtained
by drawing a parabola through A and tangentia to the tooth curves at B and C. This parabola, as
shown dotted in Fig. 28.12, outlines a beam of uniform strength, i.e. if the teeth are shaped like a
parabola, it will have the same stress at all the sections. But the tooth is larger than the parabola at
every section except BC. We therefore, conclude that the section BC isthe section of maximum stress
or the critical section. The maximum value of the bending stress (or the permissible working stress),
at the section BC is given by

6, =My/l (i)
where M = Maximum bending moment at the critical section BC =W, x h,
W, = Tangential load acting at the tooth,
h = Length of thetooth,
y = Half the thickness of the tooth (t) at critical section BC =1/2,
I = Moment of inertia about the centre line of the tooth = b.t3/12,
b = Width of gear face.
Substituting the valuesfor M, y and | in equation (i), we get
W, xh)t/2 (W, xh)x6
T Thi2z | bt

or W, =c,xbx t2/6h

In this expression, t and h are variables depending upon the size of the tooth (i.e. the circular
pitch) and its profile.

Tooth profile
y P

Parabola

Tangent to the
base circle

Fig. 28.12. Tooth of a gear.

* 1n 1892, Wilfred Lewis investigated for the strength of gear teeth. He derived an equation which is now
extensively used by industry in determining the size and proportions of the gear.
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Let t =xx p,,andh=Kkx p_; where x and k are constants.
2 2 2
- - P X
W; = o, xbx .pz =0, Xbx Pe X o
Substituting x?/ 6k =y, another constant, we have
W, =0,,.b.p,.y=0,.b.tm.y (v p=mm)

The quantity y is known as Lewis form factor or tooth form factor and W, (which is the
tangential load acting at the tooth) is called the beam strength of the tooth.
6k (p)®> 6h 6h.p,
quantitiest, h and p, may be determined analytically or measured from the drawing similar
to Fig. 28.12. It may be noted that if the gear is enlarged, the distancest, h and p_ will eachincrease
proportionately. Therefore the value of y will remain unchanged. A little consideration will show
that the value of y isindependent of the size of the tooth and depends only on the number of teeth
on agear and the system of teeth. The value of y in terms of the number of teeth may be expressed
asfollows:

Since Y = » therefore in order to find the value of y, the

y = 0.124 —@, for 14%, compositeand full depth involute system.
= 0.154 — g, for 20° full depth involute system.
0.841

0.175 - T for 20° stub system.

28.18 Permissible Working Stress for Gear Teeth in the Lewis Equation

The permissibleworking stress (o, ) in the L ewis equation depends upon the material for which
an alowable static stress (c,) may be determined. The allowable static stress is the stress at the

Gear cable
pulls on
mechanism

Sprocket

Tensioner

Derailleur mechanism

Idler
On the level

Going up hill sprocket
Bicycle gear mechanism switches the chain between different sized sprockets at the pedals and on
the back wheel. Going up hill, a small front and a large rear sprocket are selected fo reduce the
push required for the rider. On the level, a large front and small rear. sprocket are used fo prevent the
rider having to pedal too fast.
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elastic limit of the material. It is also caled the basic stress. In order to account for the dynamic
effects which become more severe as the pitch line velocity increases, the value of 6, is reduced.
According to the Barth formula, the permissible working stress,

GW = GO x CV
where 6, = Allowable static stress, and
C, = Velocity factor.
The vaues of the velocity factor (C,) are given asfollows:

C = 3i , for ordinary cut gearsoperating at velocitiesupto 12.5m/ s.
+Vv

Vv

= 1547 for carefully cut gearsoperating at vel ocitiesupto 12.5 m/s.

6
By’ for very accurately cut and ground metallic gears

operating at velocities upto 20 m/ s.

0.75
= 075+ W' for precision gears cut with high accuracy and

operating at velocitiesupto 20m/ s.

0.75
= [—j +0.25, for non-metallic gears.
1+v

In the above expressions, v is the pitch line velocity in metres per second.

The following table shows the values of allowable static stresses for the different gear
materials.

Table 28.4. Values of allowable static stress.

Material Allowable static stress (6,) MPa or N/mmn?
Cast iron, ordinary 56
Cast iron, medium grade 70
Cast iron, highest grade 105
Cast stedl, untreated 140
Cast steel, heat treated 196
Forged carbon steel-case hardened 126
Forged carbon steel-untreated 140 to 210
Forged carbon steel-heat treated 210 to 245
Alloy steel-case hardened 350
Alloy steel-heat treated 455 to 472
Phosphor bronze 84
Non-metallic materials
Rawhide, fabrail 42
Bakellite, Micarta, Celoron 56

Note : The allowable static stress (o) for steel gearsis approximately one-third of the ultimate tensile stregth
(op)ieoc,=0,/3
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28.19 Dynamic Tooth Load

In the previous article, the velocity factor was used to make approximate allowance for the
effect of dynamic loading. The dynamic |oads are due to the following reasons:

1. Inaccuracies of tooth spacing,

2. lIrregularitiesin tooth profiles, and

3. Deflections of teeth under load.

A closer approximation to the actual conditions may be made by the use of equations based on
extensive series of tests, asfollows:

Wp = Wr+ W,

where W, = Tota dynamic load,
W, = Steady load due to transmitted torque, and
W, = Increment load due to dynamic action.

The increment load (W,) depends upon the pitch line velocity, the face width, material of the
gears, the accuracy of cut and the tangential load. For average conditions, the dynamic load is
determined by using the following Buckingham equation, i.e.

21v (b.C +W;)

(i
21v + /b.C + W ®

where W, = Total dynamic load in newtons,
W, = Steady transmitted load in newtons,
v = Pitchlinevelocity in m/s,
b = Facewidth of gearsin mm, and
C = A deformation or dynamic factor in N/mm.

A deformation factor (C) depends upon the error in action between teeth, the class of cut of the
gears, thetooth form and the material of the gears. Thefollowing table showsthe values of deformation
factor (C) for checking the dynamic load on gears.

Table 28.5. Values of deformation factor (C).

Wy = Wr + W, =W, +

Material Involute Values of deformation factor (C) in N-mm
fgor(r);h Tooth error in action (€) in mm

Pinion Gear 0.01 0.02 0.04 0.06 0.08
Cast iron Cast iron 55 110 220 330 440
Steel Castiron 14Y; 76 152 304 456 608
Steel Steel 110 220 440 660 880
Cast iron Cast iron 57 114 228 342 456
Steel Cast iron 20° full 79 158 316 474 632
Steel Sted! depth 114 228 456 684 912
Cast iron Cast iron 59 118 236 354 472
Steel Cast iron 20° stub 81 162 324 486 648
Steel Steel 119 238 476 714 952

Thevalue of Cin N/mm may be determined by using the following relation :

c- e _ (i)
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where K = A factor depending upon the form of theteeth.
= 0.107, for 14 %° full depth involute system.

= 0.111, for 20° full depth involute system.

= 0.115for 20° stub system.
E. = Young'smodulusfor the material of the pinionin N/mmZ.
Eg= Young'smodulusfor the material of gear in N/mmé.
e = Tooth error actionin mm.

The maximum allowable tooth error in action (€) depends upon the pitch line velocity (v) and
the class of cut of the gears. The following tables show the values of tooth errorsin action (€) for the
different values of pitch line velocities and modul es.

Table 28.6. Values of maximum allowable tooth error in action (e) verses pitch line
velocity, for well cut commercial gears.

Pitch line Tooth error in Pitch line Tooth error in Pitch line Tooth error in
velocity (V) m/s | action () mm | velocity (v) m/s | action (e) mm | velocity (v) n/s | action (€) mm
1.25 0.0925 8.75 0.0425 16.25 0.0200
25 0.0800 10 0.0375 17.5 0.0175
3.75 0.0700 11.25 0.0325 20 0.0150
5 0.0600 125 0.0300 225 0.0150
6.25 0.0525 13.75 0.0250 25 and over 0.0125
7.5 0.0475 15 0.0225

Table 28.7. Values of tooth error in action (e) verses module.

Tooth error in action (€) in mm
Module (m) in mm First class Carefully cut gears Precision gears
commercial gears
Upto 4 0.051 0.025 0.0125
5 0.055 0.028 0.015
6 0.065 0.032 0.017
7 0.071 0.035 0.0186
8 0.078 0.0386 0.0198
9 0.085 0.042 0.021
10 0.089 0.0445 0.023
12 0.097 0.0487 0.0243
14 0.104 0.052 0.028
16 0.110 0.055 0.030
18 0.114 0.058 0.032
20 0.117 0.059 0.033
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28.20 Static Tooth Load

The static tooth load (al so called beam strength or endurance strength of thetooth) isobtained
by Lewis formula by substituting flexural endurance limit or elastic limit stress (c,) in place of
permissible working stress (c,,).

. Static tooth load or beam strength of the tooth,

W, = o b.p.y=0c.brmy
The following table shows the values of flexural endurance limit (c,) for different materials.
Table 28.8. Values of flexural endurance limit.

Material of pinion and Brinell hardness number Flexural endurance
gear (B.H.N.) limit (o) in MPa

Grey cast iron 160 84
Semi-steel 200 126
Phosphor bronze 100 168
Steel 150 252

200 350

240 420

280 490

300 525

320 560

350 595

360 630

400 and above 700

For safety, against tooth breakage, the static tooth load (W) should be greater than the dynamic
load (W},). Buckingham suggests the following rel ationship between W and W,

For steady |oads, Wg=125W,

For pulsating loads, Wg>1.35W,

For shock loads, Wg>1.5W,
Note : For steel, the flexural endurance limit (o) may be obtained by using the following relation :

6, = L.75x B.H.N. (in MPa)

28.21 Wear Tooth Load

Themaximum load that gear teeth can carry, without premature wear, depends upon theradii of
curvature of the tooth profiles and on the elasticity and surface fatigue limits of the materials. The
maximum or the limiting load for satisfactory wear of gear teeth, is obtained by using the following
Buckingham equation, i.e.

W, = Dp.b.QK
where W, = Maximum or limiting load for wear in newtons,
Dy = Pitch circle diameter of the pinionin mm,

b = Facewidth of the pinion in mm,
Q = Ratio factor
2xV.R 275
= VR+1 = o+ T for external gears
2xV.R 2Tg .
= VR -1 = To-T. for internal gears.
VIR = Velocity ratio=Tg/ Tp,

K = Load-stress factor (also known as material combination factor) in
N/mm?2.

Contents

Top



Spur Gears ® 1043

Theload stressfactor depends upon the maximum fatigue limit of compressive stress, the pressure
angle and the modulus of elasticity of the materials of the gears. According to Buckingham, theload
stress factor is given by the following relation :

(6x)?sing (1 LA
14 ( Er Eg
« = Surface endurance limit in MPaor N/mm?,
¢ = Pressureangle,
E, = Young's modulus for the material of the pinionin N/mm?, and
E; = Young's modulus for the material of the gear in N/mm?,
The values of surface endurance limit (c,) are given in the following table.

K =

where o

Table 28.9. Values of surface endurance limit.

Material of pinion Brinell hardness number Surface endurance limit
and gear (B.H.N.) (049 in N/mm?

Grey castiron 160 630
Semi-steel 200 630
Phosphor bronze 100 630
Steel 150 350

200 490

240 616

280 721

300 770

320 826

350 910

400 1050

Clutch lever

Intermediate gear wheels
o
Blades

Gearwheel to turn
the blades

Driving gear wheel
An old model of a lawn-mower
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Notes: 1. The surface endurance limit for steel may be obtained from the following equation :
Oy = (2.8 x B.H.N.—70) N/mm?
2. The maximum limiting wear load (W, ) must be greater than the dynamic load (W).

28.22 Causes of Gear Tooth Failure

The different modes of failure of gear teeth and their possible remediesto avoid thefailure, are
asfollows:

1. Bending failure. Every gear tooth acts as a cantilever. If the total repetitive dynamic load
acting on the gear tooth is greater than the beam strength of the gear tooth, then the gear tooth will fail
in bending, i.e. the gear tooth will break.

In order to avoid such failure, the modul e and face width of the gear is adjusted so that the beam
strength is greater than the dynamic load.

2. Pitting. It isthe surface fatigue failure which occurs due to many repetition of Hertz contact
stresses. The failure occurs when the surface contact stresses are higher than the endurance limit of
the material. The failure starts with the formation of pits which continue to grow resulting in the
rupture of the tooth surface.

In order to avoid the pitting, the dynamic load between the gear tooth should be less than the
wear strength of the gear tooth.

3. Scoring. The excessive heat is generated when there is an excessive surface pressure, high
speed or supply of lubricant fails. It isastick-slip phenomenon in which aternate shearing and welding
takes place rapidly at high spots.

Thistypeof failure can be avoided by properly designing the parameters such as speed, pressureand
proper flow of the [ubricant, so that the temperature at the rubbing facesiswithin the permissible limits.

4. Abrasive wear. Theforeign particlesin thelubricants such asdirt, dust or burr enter between
the tooth and damage the form of tooth. Thistype of failure can be avoided by providing filtersfor the
lubricating il or by using high viscosity lubricant oil which enablesthe formation of thicker oil film
and hence permits easy passage of such particles without damaging the gear surface.

5. Corrosive wear. The corrosion of the tooth surfacesis mainly caused due to the presence of
corrosive elements such as additives present in the lubricating oils. In order to avoid thistype of wear,
proper anti-corrosive additives should be used.

28.23 Design Procedure for Spur Gears

In order to design spur gears, the following procedure may be followed :

1. First of all, the design tangential tooth load is obtained from the power transmitted and the
pitch line velocity by using the following relation :

P .
WT = vx CS (I)
where W, = Permissible tangential tooth load in newtons,

P = Power transmitted in watts,
nDN

*v = Pitchlinevelocityinm/s =

D = Pitch circle diameter in metres,

*  Weknow that circular pitch,
p, =nD/T=nm ..(om=DI/T)
D=mT
Thus, the pitch line velocity may also be obtained by using the following relation, i.e.
nD.N _mtmT.N _p.T.N
60 60 60
where m = Module in metres, and
T = Number of teeth.
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N = Speedinr.p.m., and
Cg = Servicefactor.
The following table shows the values of service factor for different types of loads:
Table 28.10. Values of service factor.

Type of service
Type of load
Intermittent or 3 hours 8-10 hours per day Continuous 24 hours
per day per day
Steady 0.8 1.00 1.25
Light shock 1.00 1.25 1.54
Medium shock 1.25 154 1.80
Heavy shock 154 1.80 2.00

Note : The above values for service factor are for enclosed well lubricated gears. In case of non-enclosed and
grease lubricated gears, the values given in the above table should be divided by 0.65.

2. Apply the Lewis equation asfollows:
W =o,bp.y=c, brmy
= (0,.C) bt my ..(vo0,=0,C)
Notes: (i) The Lewis equation is applied only to the weaker of the two wheels (i.e. pinion or gear).
(if) When both the pinion and the gear are made of the same material, then pinion is the weaker.

(iii) When the pinion and the gear are made of different materials, then the product of (o, X y) or (5, y)
is the * deciding factor. The Lewis equation is used to that wheel for which (G, x y) or (o, * y) isless.

A bicycle with changeable gears.

* We see from the Lewis equation that for a pair of mating gears, the quantities like W, b, mand C, are
constant. Therefore (o, X y) or (5, % y) isthe only deciding factor.
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(iv) The product (c,, % y) is caled strength factor of the gear.
(v) The face width (b) may be taken as 3 p, to 4 p, (or 9.5 mto 12.5 m) for cut teeth and 2 p, to 3 p,
(or 6.5 mto 9.5 m) for cast teeth.
3. Calculate the dynamic load (W) on the tooth by using Buckingham equation, i.e.
Wp = Wr+W,
S W+ 21v (bC +W,;)
21v + /bC + W,
In calculating the dynamic load (W), the value of tangential load (W;) may be calculated by
neglecting the service factor (Cy) i.e.
W, =P/v,wherePisinwattsandvinm/s.
4. Find the static tooth load (i.e. beam strength or the endurance strength of the tooth) by using
therelation,

W = o b.p.y=0c.brmy
For sefety against breakage, Wg should be greater than W,
5. Finaly, find the wear tooth load by using the relation,
W, = Dpb.QK
The wear load (W,,) should not be |ess than the dynamic load (W).
Example 28.1. The following particulars of a single reduction spur gear are given :

Gear ratio = 10: 1; Distance between centres = 660 mm approxi mately; Pinion transmits 500
kKW at 1800 r.p.m.; Involute teeth of standard proportions (addendum = m) with pressure angle of
22.5°; Permissible normal pressure between teeth = 175 N per mm of width. Find :

1. The nearest standard module if no interference isto occur;
2. The number of teeth on each whesl;
3. The necessary width of the pinion; and
4. The load on the bearings of the wheels due to power transmitted.
Solution : Given: G =T,/ T,=Dg/Dp=10; L = 660 mm; P = 500 kW =500 x 103 W ;
Np=1800r.p.m. ; ¢ =22.5° ; Wy, = 175 N/mm width
1. Nearest standard moduleif no interferenceisto occur
Let m = Required module,
T, = Number of teeth on the pinion,
T = Number of teeth on the gear,
D, = Pitch circle diameter of the pinion, and
D¢ = Pitch circle diameter of the gear.
We know that minimum number of teeth on the pinion in order to avoid interference,

T, = 2w
G \/1+1(1+2)sin2¢—1
G\G
- 2x1 -2 _133sy14
11 " 0.15
10| ,1+ —|-—=+2|sin“225° -1
10 \10
... (v Ay =1 module)
Ty = GxT,=10x 14 = 140 (o Tl To=10)
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We know that L= D_2<3+%:D_2@+%:5_5 Dp ..(- Dg/ Dp=10)

. 660 = 55D, or D,=660/55=120mm
Weasoknowthat Dy =m.T,
m =D,/ T,=120/14=8.6 mm
Since the nearest standard value of the module is 8 mm, therefore we shall take
m = 8mmAns.
2. Number of teeth on each wheel
We know that number of teeth on the pinion,
T, =Dp/m=120/8=15Ans.
and number of teeth on the gear,
Ts = GxTp=10x15=150 Ans.
3. Necessary width of the pinion
We know that the torque acting on the pinion,

Px 60 500 x 10% x 60

T= = = 2652 N-m
21 Np 271 x 1800
. T 2652 ) .
- Tangential load, W, = D12 = 0122 =44 200 N ..("~ Dpistaken in metres)
and normal load on the tooth,
W 44200

= ——= =47840 N
Wy cosd €0s22.5°

Sincethe normal pressure betweenteethis175 N per mm of width, therefore necessary width of
the pinion,
_ 47840
~ 175
4. Load on the bearings of the wheels

= 273.4 mm Ans.

We know that the radial oad on the bearings due to the power transmitted,
W, =W, .sin¢ =47840 xsin 22.5° = 18 308 N = 18.308 kKN Ans.
Example 28.2. A bronze spur pinion rotating at 600 r.p.m. drives a cast iron spur gear at a

transmission ratio of 4 : 1. The allowable static stresses for the bronze pinion and cast iron gear are
84 MPa and 105 MPa respectively.

The pinion has 16 standard 20° full depth involute teeth of module 8 mm. The face width of
both the gearsis 90 mm. Find the power that can be transmitted from the standpoint of strength.

Solution. Given : N, = 600 rp.m.; V.R = T/ T, = 4; 65, = 84 MPa =84 N/ mm?;
Opg = 105 MPa =105 N/mm?; T, =16 ; m=8mm ; b =90 mm

We know that pitch circle diameter of the pinion,

Dp =mT,=8x16=128mm=0.128 m
-. Pitchline velocity,
nDp.Np 7 x 0.128 x 600

Vv = 0 = 0 =402 m/s
Since the pitch line velocity (v) islessthan 12.5 m/s, therefore vel ocity factor,
c o= 3 0427

vT 34y 34402
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We know that for 20° full depth involute teeth, tooth form factor for the pinion,
0.912 0.912

Yp = 0.154 — =0.154 - BTN 0.097
and tooth form factor for the gear, P
Yo = 0.154 — 0912 _ 0.154 — 0912 _ 0.14 (0 Tl T=4)
G 4x16
. Oop X Yp = 84 x0.097 = 8.148
and Cog X Yg = 105x0.14 = 14.7

Since (6p X Yp) islessthan (o, * Y), therefore the pinion is weaker. Now using the Lewis
equation for the pinion, we have tangential 1oad on the tooth (or beam strength of the tooth),

W, =0, brmy,= (0% C)brmy, (v owp=0-C)
=84 x0.427 x 90 x t x 8 x 0.097 = 7870 N
.. Power that can be transmitted

=W, xv=7870x4.02=31640 W = 31.64 KW Ans.

Example 28.3. A pair of straight teeth spur gearsisto transmit 20 kWWwhen the pinion rotates
at 300r.p.m. Thevelocity ratiois1: 3. Theallowable static stressesfor the pinion and gear materials
are 120 MPa and 100 MPa respectively.

The pinion has 15 teeth and its face width is 14 times the module. Determine : 1. module;
2. face width; and 3. pitch circle diameters of both the pinion and the gear from the standpoint of
strength only, taking into consideration the effect of the dynamic loading.

The tooth form factor y can be taken as

y = 0154 — _ 0912
No. of teeth
and the velocity factor C, as
C, = 35y wherevisexpressedinm/s.

Solution. Given : P = 20 kW = 20 x 103 W ; N, = 300 r.p.m.; VR = T/ T, =3;
Ogp = 120 MPa =120 N/mm?; 65 = 100 MPa =100 N/mm?; T,= 15 ; b = 14 module = 14 m
1. Module
Let m = Modulein mm, and
D, = Pitch circle diameter of the pinionin mm.
We know that pitch line vel ocity,

v = 60 60 o (v Dp=mT))
_ W — 236 m mnVs = 0.236 MM/s

Assuming steady load conditions and 8-10 hours of service per day, the service factor (Cg) from
Table 28.10 isgiven by

Co=1
We know that design tangential tooth load,
P 20 x 10° 84 746
= —X = x1= N
Wr % G 0.236 m m
d velocity fact C, = 3 . 3
anaveocty ractor, v 34v 3+0236m
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We know that tooth form factor for the pinion,

y, = 0.154 0.912 — 0154 — 0.912
T,

P 15
= 0.154 — 0.0608 = 0.0932
and tooth form factor for the gear,
o = 0154 - 0912 _ 0154 — 0.912
Ts 3x15
= 0.154 - 0.203 = 0.1337 v (0 Tg=3Tp)

- Gop X Yp = 120 x 0,0932 = 11.184
and o X Vg = 100 x 0.1337 = 13.37

Since (64 X Yp) islessthan (645 X V), therefore the pinion is weaker. Now using the Lewis

equation to the pinion, we have
W, = o, pbtmy,= (0% C)brm.y,

2
84746 _ 1o0[— 2  )14mxnmx00932 = 220N
m 3+0.236 m 3+0.236 m
or 3+0.236 m = 0.0174 m?
Solving this equation by hit and trial method, we find that
m = 6.4mm
The standard module is 8 mm. Therefore let us take
m = 8mmAnSs.
2. Facewidth
We know that the face width,
b=14m=14x8=112mmAns.
Spur
Cutting gear Handle
blade
Semi- T .
circular
rack

Pinion

Kitchen Gear : This 1863 fruit and vegetable peeling machine uses a rack and pinion to drive spur
gears that turn an apple against a cutting blade. As the handle is pushed round the semi-circular

base, the peel is removed from the apple in a single sweep.
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3. Pitch circle diameter of the pinion and gear
We know that pitch circle diameter of the pinion,
Dp = mT,=8x15=120 mmAns.
and pitch circle diameter of the gear,
Dg = mTg=8x45=360mm Ans. (0 Tg=3Ty)
Example 28.4. Agear driveisrequired to transmit a maximum power of 22.5 KW, The vel ocity
ratiois 1:2 and r.p.m. of the pinion is 200. The approximate centre distance between the shafts may
be taken as 600 mm. The teeth has 20° stub involute profiles. The static stress for the gear material

(whichiscast iron) may be taken as 60 MPa and face width as 10 times the module. Find the module,
face width and number of teeth on each gear.

Check the design for dynamic and wear loads. The deformation or dynamic factor in the
Buckingham equation may be taken as 80 and the material combination factor for the wear as 1.4.

Solution. Given: P=225kW =22500W ; V.R=D/D,=2; N,=200r.p.m. ; L =600 mm;
Gop = 0o =60 MPa=60 N/mm?;b=10m; C=80;K=14
Module
Let m = Modulein mm,
D, = Pitch circle diameter of the pinion, and
Dg = Pitchcircle diameter of the gear.
We know that centre distance between the shafts (L),

600 = &4.&:&.’_&
2 2 2 2

=15Dp . ( Dg=VRR x Dp)

Arm of a material handler In addition to gears, hydraulic rams as shown above, play important role in
transmitting force and energy.



Contents

Spur Gears ® 1051

. D, =600/1.5=400mm=0.4m
and Dg =2Dp=2x400=800mm=0.8m
Since both the gears are made of the same material, therefore pinion is the weaker. Thus the
design will be based upon the pinion.
We know that pitch line velocity of the pinion,
nDp.Np  7x0.4x 200

vV = =42m/s
60 60
Sincevislessthan 12 m/ s, therefore vel ocity factor,
C = 3 .3 . 0.417
V' 3+v 3442
We know that number of teeth on the pinion,
To =Dp/m=400/m
.. Tooth form factor for the pinion,
yo = 0175 - 284 _ 475 084Lxm ... (For 20° stub system)
Tp 400
=0.175-0.0021 m (i)

Assuming steady load conditions and 8-10 hours of service per day, the service factor (Cy)
from Table 28.10 is given by

C.=1
S
We know that design tangential tooth load,
W, = E><CS= 22500><1=5357 N
%

We also know that tangential tooth load (W),
5357 = 0,5 . b. T My, =(04p % C)) bt My,
= (60 x 0.417) 10 mx T m (0.175 — 0.0021 m)
= 137.6 m? —1.65 m®
Solving this equation by hit and trial method, we find that
m = 0.65 say 8 mm Ans.
Facewidth
We know that face width,
b =10m=10x8=80mmAns.
Number of teeth on the gears
We know that number of teeth on the pinion,
T, = Dp/ m=400/8=50Ans.
and number of teeth on the gear,
Ts = Dg/ m=800/8=100Ans.
Checking the gearsfor dynamic and wear load
We know that the dynamic load,
B 21v (bC +W,;)
Wp = W + 21v + JbC + W,
21x 4.2 (80 x 80 + 5357)
21x 4.2 + /80 x 80 + 5357

5357 +
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6
= 5357 + 1037107 =5357+5273=10630 N

196.63
From equation (i), we find that tooth form factor for the pinion,

Yp = 0.175-0.0021 m= 0.175-0.0021 x 8 = 0.1582
From Table 28.8, we find that flexural endurance limit (c) for castironis84 MPaor 84 N/mm?2,
. Static tooth load or endurance strength of the tooth,

Wg=0,.b.nmy,=84x80xnx8x0.1582=26722N
We know that ratio factor,
_2xVR _2x2 .,
VR+1 2+1

. Maximum or limiting load for wear,
W, =D,.b.Q.K=400x80x133x14=59584N
Since both Wy and W, are greater than W, therefore the design is safe.

Example 28.5. A pair of straight teeth spur gears, having 20° involute full depth teeth is to
transmit 12 kW at 300 r.p.m. of the pinion. The speed ratio is 3 : 1. The allowable static stresses for
gear of cast iron and pinion of steel are 60 MPa and 105 MPa respectively. Assume the following:

45
Number of teeth of pinion = 16; Face width = 14 times module; el ocity factor (C,) = 45+ y’
v being the pitch line velocity in m/ s; and tooth form factor (y) = 0.154 __0912
gthep y ' == No. of teeth

Deter mine the modul e, face width and pitch diameter of gears. Check the gearsfor wear; given
0, = 600 MPa; E, = 200 kN/mn¥ and E = 100 kN/mn. Sketch the gears.
Solution : Given: ¢ = 20°% P =12 kW =12 x 103 W; N, =300 r.p.m; VR = T/ T, = 3;
Oog = 60 MPa=60N/mm?; 6, =105 MPa= 105 N/mm?; T,=16; b= 14 module= 14 m; 6= 600
MPa= 600 N/mm?; E, = 200 kN/mm? = 200 x 10% N/mm? ; E = 100 kN/mm? = 100 x 103 N/mm?
Module
Let m = Modulein mm, and
D, = Pitch circle diameter of the pinion in mm.
We know that pitch line vel ocity,
V= an(')NP - nm';")'NP .. (~ Dp=mT,)

= TMx16x300 _ 51 mmm/s= 0251 mmi/s

60
Assuming steady load conditions and 8-10 hours of service per day, the service factor (Cy)
from Table 28.10 isgiven by Cg = 1.

We know that the design tangential tooth load,

P 12x10° 47.8x10°
W. = —xCq = x1= N
TT v ST 0251m m
45 45

and velocity factor, C, = A5+ v = 45+10251m

We know that tooth form factor for pinion,

0912 =0.154 — _O.f(;I.Z =0.097

Yo = 0.154 —
P
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and tooth form factor for gear,

Yg = 0.154 — 0912 _ 154 - 2912 _ 0135 v (0 Tg=3Ty)
I 3x16
Gop X ¥p = 105 % 0.097 = 10.185
and Oog X Yg =60x0.135=8.1

Since (6o % Yg) isless than (o4, X V), therefore the gear is weaker. Now using the Lewis
equation to the gear, we have

W, =0,5.b.tmy;= (055 % C) bt myg o (0 0,5 = 005s-C)
3 2
Ar8x10° _ 4 45 14 mxmmx 0135 = 0034 M
m 45+ 0.251m 45+ 0251 m
or 45+ 0.251 m = 0.0335 m?

Solving this equation by hit and trial method, we find that
m = 5.6 say 6 mm Ans.
Facewidth
We know that face width,
b=14m=14x6=84mmAns.
Pitch diameter of gears
We know that pitch diameter of the pinion,
Dp = m.T,=6x16=96 mm Ans.
and pitch diameter of the gear,
Dg = mT5=6x48=288 mm Ans. (0 Tg=3Ty)

This is a close-up photo (magnified 200 times) of a micromotor’s gear cogs. Micromotors
have been developed for use in space missions and microsurgery.
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Checking the gearsfor wear

We know that the ratio factor,
_ 2xV.R _ 2X3=1.5
VR+1 3+1
2 .
(¢ sin 1 1
and load stress factor, K = (0e)” SiN9 —
1.4 Er Eg
_ (600)* sin20° 1,1
- 1.4 200x10° 100 x 10°

= 0.44 + 0.88 = 1.32 N/mm?
We know that the maximum or limiting load for wear,
W, = Dpb.QK=96x84x15x132=15967 N
and tangential load on the tooth (or beam strength of the tooth),

3 3
W = 47.8x10° _ 47.8x10° _ 7967 N
m 6

Since the maximum wear load is much more than the tangential load on the tooth, therefore the
design is satisfactory from the standpoint of wear. Ans.

Example 28.6. A reciprocating compressor is to be connected to an electric motor with the
help of spur gears. The distance between the shaftsis to be 500 mm. The speed of the electric motor
is 900 r.p.m. and the speed of the compressor shaft is desired to be 200 r.p.m. The torque, to be
transmitted is 5000 N-m. Taking starting torque as 25% more than the normal torque, determine :
1. Module and face width of the gears using 20 degrees stub teeth, and 2. Number of teeth and pitch
circle diameter of each gear. Assume suitable values of velocity factor and Lewis factor.

Solution. Given: L=500mm ; N,, =900r.p.m. ; N.=200r.p.m.; T=5000N-m; T =1.25T
1. Module and face width of the gears

Let m = Modulein mm, and

b = Facewidthin mm.

Since the starting torque is 25% more than the normal torque, therefore the maximum torque,

Toex = 1.25 T=1.25 x 5000 = 6250 N-m = 6250 x 10° N-mm
We know that velocity ratio,
VR. = N_M = @ =45
Nc 200
Let D, = Pitch circle diameter of the pinion on the motor shaft, and

D¢ = Pitchcircle diameter of the gear on the compressor shaft.
We know that distance between the shafts (L),

Dp Dg .

500 = > + - or Dp+Dg=500x2=1000 (i)

. . _ Dg _ 45 B .

and velocity ratio, VR = oL or D;=45D, (i)

Substituting the value of D i nlzaquati on (i), we have
D, +45D, =1000 or D,=1000/5.5=182mm
and Dg =45D,=45x182=820mm=0.82m
We know that pitch line velocity of thedrive,
_ mDg.Nc  mx0.82x 200

= =8.6m/s
60 60
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. Velocity factor,
C = 3 = 3
V. 3+v 3+86
L et us assume than motor pinion is made of forged steel and the compressor gear of cast steel.
Since the allowable static stress for the cast steel is less than the forged steel, therefore the design
should be based upon the gear. Let us take the allowabl e static stress for the gear material as
Oug = 140 MPa= 140 N/mm?

We know that for 20° stub teeth, Lewis factor for the gear,

=0.26 ...(*+ vislessthan 12.5 m/s)

y = 0175 - 224 _gq75 084xm ( Te =&j
G 5 G m
= 0175-281M_ 175 _0001m
and maximum tangential force on the gear,
3
W, = 2 Trax _ 2x 6250 x 10 _ 15244 N
Dg 820
We also know that maximum tangential force on the gear,
W, =0, gbmmy;=(cg*C)bxmmxyg (7 O, =0ga: C,)
15244 = (140 x 0.26) x 10 m x t m (0.175 —0.001 m)
=200 m? —-1.144 m3 ...(Assuming b = 10 m)

Solving this equation by hit and trial method, we find that

m = 8.95 say 10 mm Ans.
and b =10 m=10 x 10 = 100 mm Ans.
2. Number of teeth and pitch circle diameter of each gear
We know that number of teeth on the pinion,

Dp 182

T, = =—=182
m 10
D 820
= =——= 82
To m 10
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In order to have the exact velocity ratio of 4.5, we shall take
T, =18and T, =81 Ans.
-, Pitch circle diameter of the pinion,
Dp = mxT,=10x 18 =180 mm Ans.
and pitch circle diameter of the gear,
Dg = mx T, =10x 81 =810 mm Ans.

28.24 Spur Gear Construction

The gear construction may have different designs depending upon the size and its application.
When the dedendum circle diameter is slightly greater than the shaft diameter, then the pinion teeth
are cut integral with the shaft as shown in Fig. 28.13 (a). If the pitch circle diameter of the pinionis
lessthan or equal to 14.75 m+ 60 mm (where misthe modulein mm), then the pinion is made solid
with uniform thickness equal to the face width, as shownin Fig. 28.13 (b). Small gears upto 250 mm
pitch circle diameter are built with a web, which joins the hub and the rim. The web thickness is
generally equal to half the circular pitch or it may betaken as 1.6 mto 1.9 m, where misthe module.
The web may be made solid as shown in Fig. 28.13 (¢) or may have recesses in order to reduce its
weight.

Pinion

Shaft \

(@) (b) (©
Fig. 28.13. Construction of spur gears.

/—Rim bead

Fig. 28.14. Gear with arms.
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Large gears are provided with arms to join the hub and the rim, as shown in Fig. 28.14. The
number of arms depends upon the pitch circle diameter of the gear. The number of arms may be
selected from the following table.

Table 28.11. Number of arms for the gears.

Spur Gears

S No. Pitch circle diameter Number of arms
1. Upto0.5m 4o0r5
2. 05-15m 6
3. 15-20m 8
4. Above 2.0 m 10
The cross-section of the armsis most often elliptical, but other sections as shown in Fig. 28.15
may also be used.
b —]
| | |
i
-+ ﬁy Z
1.25¢
T N “ 4 1“4
[ [ [
L~ | L~ L~ | L~ . | -
[ [ [
na - ot e
iw k- naling el
[ -7 £
o+ i —hr i+ h —hf
b4 a4 R}
e—Ww—]
h 3 )
W= 7 [1 = T t 7 th
2 2 3
7= 7=
3 6
(a) I-arm (b) Cross-arm. (b) H-arm.

Fig. 28.15. Cross-section of the arms.

Thehub diameter iskept as 1.8 timesthe shaft diameter for steel gears, twice the shaft diameter
for cast iron gears and 1.65 times the shaft diameter for forged steel gears used for light service. The
length of the hub iskept as 1.25 times the shaft diameter for light service and should not be less than
the face width of the gear.

The thickness of the gear rim should be as small as possible, but to facilitate casting and to
avoid sharp changes of section, the minimum thickness of the rim is generally kept as half of the
circular pitch (or it may betaken as 1.6 mto 1.9 m, where misthe module). The thickness of rim (t)
may also be calculated by using the following relation, i.e.

T
t, =m,|—
=t
T = Number of teeth, and

n = Number of arms.
The rim should be provided with a circumferential rib of thickness equal to the rim thickness.

where
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28.25 Design of Shaft for Spur Gears
In order to find the diameter of shaft for spur gears,  Pinion
the following procedure may be followed. _\}
1. Firgt of al, find the normal load (W,), acting [
between the tooth surfaces. It is given by |
W, = W,/ cosd
where W, = Tangential load, and
¢ = Pressureangle.
A thrust parallel and equal to W, will act at the
gear centre as shown in Fig. 28.16.
2. Theweight of the gear is given by
W, = 0.001 18 T.b.n¥ (in N)
where T = No. of teeth on the gear,
b = Facewidth in mm, and
m = Modulein mm.
3. Now the resultant load acting on the gear,

We = \/(WN)2 + Wg)? + 2 Wy x W coso
4. If the gear is overhung on the shaft, then bending moment on the shaft due to the resultant
load,

Fig. 28.16. Load acting on the gear.

M =W, x X
where x = Overhangi.e. the distance between the centre of gear and the centre
of bearing.

5. Since the shaft is under the combined effect of torsion and bending, therefore we shall
determine the equival ent torque. We know that equivalent torque,

T, = yM2 4+ T2
where T = Twisting moment = W, x D/ 2
6. Now the diameter of the gear shaft (d ) is determined by using the following relation, i.e.

T 3
= —x1xd
Te 16

where T = Shear stressfor the material of the gear shaft.
Note : Proceeding in the similar way as discussed above, we may calculate the diameter of the pinion shaft.

28.26 Design of Arms for Spur Gears

The cross-section of the armsis calculated by assuming them as a cantilever beam fixed at the
hub and loaded at the pitch circle. It isalso assumed that the load isequally distributed to all thearms.
It may be noted that the arms are designed for the stalling load. The stalling load is aload that will
develop the maximum stress in the arms and in the teeth. This happens at zero velocity, when the
drivejust starts operating.

The stalling load may be taken as the design tangential load divided by the velocity factor.
Design tangential load W,
Veocity factor G,
D = Pitchcircle diameter of the gear,
n = Number of arms, and
6, = Allowable bending stress for the material of the arms.

Let W, = Stalling load =

Contents
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Now, maximum bending moment on each arm,
_ WgxDg/2 WX Dg

M
n 2n
and the section modulus of armsfor elliptical cross-section,
, - m(@)’h
32
where a, = Mgjor axis, and b, = Minor axis.

The major axis is usually taken as twice the minor axis. Now, using the relation, 6, = M/ Z,
we can calculate the dimensions a, and b, for the gear arm at the hub end.

Note: Thearms are usudly tapered towards the rim about 1/16 per unit length of the arm (or radius of the gear).
. Major axis of the section at the rim end

1 D D,

52 %%

Example 28.7. Amotor shaft rotating at 1500 r.p.m. hasto transmit 15 kWto a low speed shaft
with a speed reduction of 3:1. The teeth are 14%, involute with 25 teeth on the pinion. Both the
pinion and gear are made of steel with a maximum safe stress of 200 MPa. A safe stress of 40 MPa
may be taken for the shaft on which the gear is mounted and for the key.

Design a spur gear drive to suit the above conditions. Also sketch the spur gear drive. Assume
starting torque to be 25% higher than the running torque.

Solution : Given: N, =1500rp.m.; P=15kW =15x 10°W; VR = T /T, =3; ¢ = 14%, ;
Tp=25; Ogp = G = 200 MPa = 200 N/mm?; T = 40 MPa = 40 N/mm?

Design for spur gears

Sincethe starting torque is 25% higher than the running torque, therefore the spur gears should

be designed for power,

- al—Taoer:al—l%XLengthOf thearm =g —

P, =125P=125x15x10°=18750 W

We know that the gear reductionratio (T / T,) is 3. Therefore the number of teeth on the gear,
T =3T,=3x25=75

L et us assume that the module (m) for the pinion and gear is 6 mm.

-. Pitch circle diameter of the pinion,
Dp =mT,=6x25=150mm=0.15m
and pitch circle diameter of the gear,

Dg =m. T =6x75=450 mm

We know that pitch line vel ocity,

_ mDp.Np _ mx015x1500 .o/
60 60

Assuming steady load conditions and 8-10 hours of service per day, the service factor (Cy)
from Table 28.10 is given by
Cs=1
. Design tangential tooth load,

R 18 750
= =xCg=——x1=1590N
Wr % Cs 118
We know that for ordinary cut gears and operating at velocities upto 12.5 m/s, the velocity

factor,
3 3
C

= =——=0.203
vV 3+v 3+118
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Since both the pinion and the gear are made of
the same material, therefore the pinion isthe weaker.

Weknow that for 14%,” involuteteeth, tooth form
factor for the pinion,

0684 _ 0.124 - % = 0.0966

Yp= 0124 -
P
Let b =Facewidth for both the pinion and gear.

We know that the design tangential tooth load
(Wp),
1590 = o, brmy,=(c,C)brmy,
=(200 x 0.203) b x Tt x 6 x 0.0966 = 74 b
s b=1590/74=21.5mm

In actual practice, the face width (b) istaken as
9.5 mto 12.5 m, but in certain cases, due to space
limitations, it may be taken as 6 m. Therefore let us
take the face width,

b = 6m=6x6=36mMmAns.

. This mathematical machine called
From Table 28.1, the other proportions, for the difference engine, assembled in 1832,

pinion and the gear having 14%, involuteteeth, areas used 2,000 levers, cams and gears.
follows:
Addendum = 1m=6mmAns.
Dedendum = 125m=125%x6=75mmAns.
Working depth = 2m=2x6=12mmAns.

2.25m=225x6=13.5mmAns.
1.5708 m=1.5708 x 6 = 9.4248 mm Ans.
0.25m=0.25x 6 =15mm Ans.

Minimum total depth

Tooth thickness

Minimum clearance
Design for the pinion shaft

We know that the normal load acting between the tooth surfaces,

oo W 1590 150 o0
N cos¢p cosld¥,°  0.9681

and weight of the pinion,
W, = 0.00118 T..b.m? = 0.001 18 x 25 x 36 x 62 =38 N
-. Resultant load acting on the pinion,
Wy = \/(WN)2 + (Wp)? + 2W W .cosd

= /16497 + (38)2 + 2x 1643x 38 x cos 145 = 1680 N
Assuming that the pinion is overhung on the shaft and taking overhang as 100 mm, therefore

Bending moment on the shaft due to the resultant load,
M = W, x 100 = 1680 x 100 = 168 000 N-mm

*  Sincetheweight of the pinion (W) isvery small as compared to the normal load (W,), thereforeit may be
neglected. Thus the resultant load acting on the pinion (W) may be taken equal to W
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and twisting moment on the shaft,

T=W >< =1590 x 750 =119 250 N-mm

-, Equivalent twisting moment,

T, = yM? + T2 = /(168 000)2 + (119 250)® = 206 x 10° N-mm
Let d, = Diameter of the pinion shaft.
We know that equivalent twisting moment (T),

T T
206 % 10° = 7o X (dp)? = T 40 (dp)® = 7.855 (dp)*

(do)® = 206 x 103/ 7.855=26.2 x 10* or d,=29.7 say 30 mm Ans.
We know that the diameter of the pinion hub
=18d,=18x30=54mmAns.
and length of the hub =125d,=125x30=37.5mm

Sincethelength of the hub should not belessthan that of thefacewidthi.e. 36 mm, thereforelet
us take length of the hub as 36 mm. Ans.

Note : Since the pitch circle diameter of the pinion is 150 mm, therefore the pinion should be provided with a
web and not arms. Let us take thickness of the web as 1.8 m, where mis the module.

*. Thicknessof theweb = 1.8 m=1.8x 6=10.8 mm Ans.
Design for the gear shaft
We have cal cul ated above that the normal load acting between the tooth surfaces,
W, = 1643 N
We know that weight of the gear,
W, = 0.001 18 T..b.m? =0.001 18 x 75x 36 x 62 = 115N
-. Resulting load acting on the gear,

Wk = \/(WN)2 + (Wg)? + 2Wy x W cosd

= \/ (1643)% + (115)% + 2 x 1643 x 115 cos14Y, =1755 N
Assuming that the gear is overhung on the shaft and taking the overhang as 100 mm, therefore
bending moment on the shaft due to the resultant load,
M = W, x 100 = 1755 x 100 = 175 500 N-mm
and twisting moment on the shaft,

T=W >< =1590 x 420 = 357 750 N-mm

. Equivalent twisting moment,

T, = M2 + T2 = /(175 500)° + (357 750) = 398 x 10° N-mm
Let d; = Diameter of the gear shaft.
We know that equivalent twisting moment (T ),

T T
398 % 10° = 7o X* (dg)® = T 40 (dg)* = 7.855 (dg)*
(dg)® =398 x 10%/7.855=50.7 x 10* or dg =37 say 40 mmAns.
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We know that diameter of the gear hub
=18d;=18x40=72mmAns.
and length of the hub =125d;=1.25x40=50mmAns.
Design for the gear arms
Since the pitch circle diameter of the gear is 450 mm, therefore the gear should be provided
with four arms. L et us assume the cross-section of the arms as elliptical with major axis (a,) equal to
twice the minor axis (b,).

.. Section modulus of arms,
2 2
=T (21; h_x gazl) X % = 0.05 (&) (v by = ay2)
Sincethearmsare designed for the stalling load and stalling load i staken asthe design tangential
load divided by the velocity factor, therefore stalling load,
1590

W,
= L == _ 7830 N . C =
W, 0203 .. (~+ C,=0.203)

- Maximum bending moment on each arm,
M = %X&:_7830x4—50:440440 N-mm
n 2 4 2

We know that bending stress (c,),
M 440440 9x10°
42 = —= 3= 3
Z 005(a)” (&)

o (a)® =9x10°/42=0.214%x 10° or a =60 mmAns.

and b, =a,/2=60/2=30mmAns.

These dimensionsrefer to the hub end. Since the arms are tapered towards the rim and the taper
is1/ 16 per unit length of the arm (or radius of the gear), therefore

Major axis of the arm at the rim end,

.. (Taking 6, = 42 N/mm?)

1 D
—a —Taper=a — —x—&
& = & ap ] TR
1 450
=60—-—x—=46mMm
16 5 Ans.
and minor axis of the arm at the rim end,
bz = m:“_;:zsmmms.

Design for therim
The thickness of the rim for the pinion (t,) may be taken as 1.6 mto 1.9 m, where mis the
module. Let us take thickness of the rim for the pinion,
top = 1.6mM=16%x6=9.6say 10mm Ans.
The thickness of the rim for the gear (t;;) may be obtained by using the relation,

kg =M /T—G=6‘/4Tf=20mmAns
n

EXERCISES

1. Calculate the power that can be transmitted safely by a pair of spur gears with the data given below.
Calculate also the bending stresses induced in the two wheels when the pair transmits this power.

Number of teeth in the pinion =20
Number of teeth in the gear =80
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Module = 4mm
Width of teeth = 60 mm
Tooth profile = 20° involute

Allowable bending strength of the material
200 MPa, for pinion

= 160 MPa, for gear
Speed of the pinion = 400 r.p.m.
Service factor =08
0.912
Lewisform factor = 0154 - B
) 3
Velocity factor = 34y [Ans. 13.978 kW ; 102.4 MPa; 77.34 MPa]

A spur gear made of bronze drives a mid steel pinion with angular velocity ratio of 31/2 2 1. The

pressureangleis 141/2° . Ittransmits 5 kW at 1800 r.p.m. of pinion. Considering only strength, design
the smallest diameter gears and find al so necessary face width. The number of teeth should not beless
than 15 teeth on either gear. The elastic strength of bronze may be taken as 84 MPaand of steel as 105

MPa. Lewis factor for 141/2o pressure angle may be taken as
0.684
No. of teeth
[Ans. m=3mm; b=35mm; D,=48mm ; Dg = 168 mm]
A pair of 20° full-depth involute tooth spur gearsis to transmit 30 kW at a speed of 250 r.p.m. of the

pinion. The velocity ratiois1: 4. The pinionis made of cast steel having an alowable static stress, 6,
=100 MPa, while the gear is made of cast iron having allowable static stress, 6, = 55 MPa.

The pinion has 20 teeth and its face width is 12.5 times the module. Determine the module, face width
and pitch diameters of both the pinion and gear from the standpoint of strength only taking velocity
factor into consideration. The tooth form factor is given by the expression

0.912
No. of teeth

y = 0.124 —

y = 0.154 —

and velocity factor is given by

3
C =35y where v isthe peripheral speed of the gear in m/s.

v

[Ans. m=20mm ; b= 250 mm ; D, =400 mm ; D = 1600 mm]
A micartapinion rotating at 1200 r.p.m. isto transmit 1 kW to a cast iron gear at a speed of 192 r.p.m.
Assuming a starting overload of 20% and using 20° full depth involute teeth, determine the module,
number of teeth on the pinion and gear and face width. Take allowabl e static strength for micartaas 40
MPaand for cast iron as 53 MPa. Check the pair in wear.
A 15 kW and 1200 r.p.m. motor drives acompressor at 300 r.p.m. through apair of spur gears having
20° stub teeth. The centre to centre distance between the shaftsis 400 mm. The motor pinion is made
of forged steel having an alowable static stress as 210 MPa, while the gear is made of cast steel
having allowable static stress as 140 MPa. Assuming that the drive operates 8 to 10 hours per day
under light shock conditions, find from the standpoint of strength,
1. Module; 2. Face width and 3. Number of teeth and pitch circle diameter of each gear.
Check the gears thus designed from the consideration of wear. The surface endurance limit may be
taken as 700 MPa[Ans. m=6mm ; b=60mm ; T,=24; T =96 ; D, = 144mm ; D, = 576 mm]
A two stage reduction drive is to be designed to transmit 2 kW, the input speed being 960 r.p.m. and
overal reduction ratio being 9. The drive consists of straight tooth spur gears only, the shafts being
spaced 200 mm apart, the input and output shafts being co-axial.
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(@) Draw alayout of asuitable system to meet the above specifications, indicating the speeds of all
rotating components.

(b) Calculate the module, pitch diameter, number of teeth, blank diameter and face width of the
gears for medium heavy duty conditions, the gears being of medium grades of accuracy.

(c) Draw to scale one of the gears and specify on the drawing the calculated dimensions and other
data complete in every respect for manufacturing purposes.

A motor shaft rotating at 1440 r.p.m. hasto transmit 15 kW to alow speed shaft rotating at 500 r.p.m.

The teeth are 20° involute with 25 teeth on the pinion. Both the pinion and gear are made of cast iron

with amaximum safe stress of 56 MPa. A safe stress of 35 MPamay be taken for the shaft on which

the gear is mounted. Design and sketch the spur gear drive to suit the above conditions. The starting

torque may be assumed as 1.25 times the running torque.

Design and draw a spur gear drive transmitting 30 kW at 400 r.p.m. to another shaft running approxi-

mately at 100 r.p.m. The load is steady and continuous. The materials for the pinion and gear are cast

steel and cast iron respectively. Take module as 10 mm. Also check the design for dynamic load and

wear.

0.912
Hint : Assume: 6, =140 MPa;c..=56MPa; T,=24; y= 0154 — —— ;
[ op oG P y No. of teeth
C, = 3 ; 0,=84MPa; e=0.023mm; 6 =630 MPa; E,= 210 kN/mm?; E; =100 kN/mm?|
3+v

Design aspur gear drive required to transmit 45 kW at a pinion speed of 800 r.p.m. The velocity ratio
is3.5: 1. Theteeth are 20° full-depth involute with 18 teeth on the pinion. Both the pinion and gear
are made of steel with amaximum safe static stress of 180 MPa. Assume a safe stress of 40 MPafor
the material of the shaft and key.

Design apair of spur gears with stub teeth to transmit 55 kW from a 175 mm pinion running at 2500
r.p.m. toagear running at 1500 r.p.m. Both the gears are made of steel having B.H.N. 260. Approximate
the pitch by means of Lewis equation and then adjust the dimensions to keep within the limits set by
the dynamic load and wear equation.

QUESTIONS

Write a short note on gear drives giving their merits and demerits.
How are the gears classified and what are the various terms used in spur gear terminology ?

Mention four important types of gears and discuss their applications, the materials used for them and
their construction.

What condition must be satisfied in order that apair of spur gears may have a constant velcoity ratio?
State the two most important reasons for adopting involute curves for a gear tooth profile.

Explain the phenomenon of interference in involute gears. What are the conditions to be satisfied in
order to avoid interference ?

Explain the different causes of gear tooth failures and suggest possible remedies to avoid such fail-
ures.

Write the expressions for static, limiting wear load and dynamic load for spur gears and explain the
various terms used there in.

Discuss the design procedure of spur gears.
How the shaft and arms for spur gears are designed ?

OBJECTIVE TYPE QUESTIONS

The gears are termed as medium velocity gears, if their peripheral velocity is
(@ 13m/s (b) 3-15m/s
(c) 15-30m/s (d) 30-50m/s
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Spur Gears ® 1065

The size of gear isusualy specified by

(a) pressureangle (b) pitch circle diameter
(c) circular pitch (d) diametral pitch
A spur gear with pitch circle diameter D has number of teeth T. The module mis defined as
@ m=d/T (b) m=T/D
(© m=nD/T (d m=D.T
In arack and pinion arrangement, the rack has teeth of ........... shape.
(@) square (b) trepazoidal
Theradia distance fromthe............. to the clearance circle is called working depth.
(@) addendumcircle (b) dedendum circle
The product of the diametral pitch and circular pitch is equal to
@ 1 (b) Um
© = (d) = x No. of teeth
The backlash for spur gears depends upon
(@) module (b) pitchline velocity
(c) tooth profile (d) both (a) and (b)
The contact ratio for gearsis
(@) zero (b) lessthan one
(c) greater than one (d) none of these
If the centre distance of the mating gears having involute teeth is increased, then the pressure angle
(a) increases (b) decreases
() remains unchanged (d) none of these
The form factor of a spur gear tooth depends upon
(a) circular pitch only (b) pressure angle only
(c) number of teeth and circular pitch (d) number of teeth and the system of teeth
Lewis equation in spur gearsis used to find the
(a) tensilestressin bending (b) shear stress
(c) compressive stressin bending (d) fatiguestress
The minimum number of teeth on the pinion in order to avoid interference for 20° stub system is
(@ 12 (b) 14
() 18 (d) 32
The allowable static stress for steel gearsis approximately ......... of the ultimate tensile stress.
(@ onefourth (b) one-third
(c) one-haf (d) double
Lewis equation in spur gearsis applied
(@) only tothepinion (b) only to the gear
(c) to stronger of the pinion or gear (d) to weaker of the pinion or gear
The static tooth load should be............ the dynamic load.
(@) lessthan (b) greater than
() equa to
ANSWERS
1. (b) 2. (b) 3. (@ 4. (b) 5 (a)
6. (¢ 7. (d) 8. (0 9. (@ 10. (d)
11. (¢ 12. (b) 13. (b) 14. (d) 15. (b)
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